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A B S T R A C T

A detailed numerical study is carried out to investigate the performance of a turbocharged compression ignition
engine operating under a novel combustion strategy in which fuel injection and most of the combustion occur at
a constant volume. Simulations have been performed using URANS based modelling approach along with several
other sub-models. A detailed validation of the CFD model has been carried out using data from a conventional
crank engine.

A parametric study has been performed to investigate the effects of the duration and timing of the constant
volume combustion phase (CVCP) on the engine’s thermal efficiency and emissions, with comparisons against
the conventional engine. Much higher in-cylinder pressures and temperatures are observed in the CVCP strategy.

The results demonstrate that the CVCP strategy is capable of yielding reduced gross indicated specific fuel
consumptions of up to 20% and far lower CO2 and soot emissions but incurs unacceptable increase to nitrogen
oxide emissions. However, it was found that a combination of exhaust gas recirculation and improved fuel
injection methods can counter the increased nitrogen oxide emissions under the CVCP strategy, while still
maintaining the improved engine performance and low carbon-based emissions.

1. Introduction

Compression ignition (CI) engines fuelled by diesel play a vital role
in many heavy duty transport, power generation and agricultural ap-
plications due to superior torque, greater power output, higher thermal
efficiency, better fuel economy and reliability compared to spark igni-
tion (SI) engines [1,2]. The greater power output, higher thermal effi-
ciency and better fuel economy of CI engines are achieved through
higher compression ratio, greater air to fuel ratio, load control through
direct fuel injection, rapid combustion process and lower breathing and
pumping loses [1]. However, due to the nature of combustion in CI
engines high temperatures and uneven distributions of fuel lead to
higher levels of harmful gaseous emissions such as nitrogen oxides
(NOx), carbon monoxide (CO) and soot [3]. As a result, conventional CI
engines face new challenges to keep up with increasingly strict emis-
sions and fuel consumption regulations [4]. Current European Union
regulations limit new heavy duty diesel vehicles to 0.4 g/kWh of NOx

production and 0.01 g/kWh of soot production [5], with these stan-
dards set to become more stringent in the future. The simultaneous

reduction of both NOx and soot in a CI engine is a challenging issue, and
generally boils down to a trade-off between the two, whereby, higher
combustion temperatures lead to higher NOx formation but lower
temperatures to higher soot [6].

A number of advanced engine design approaches have the potential
to lower emissions and increase fuel efficiency [7]. Low temperature
combustion (LTC) strategies including homogeneous charge compres-
sion ignition (HCCI) [8], premixed charge compression ignition [9],
and reactivity controlled compression ignition [10] all show promise in
reducing emissions while maintaining performance but require complex
operational and control processes [11]. Exhaust gas recirculation (EGR)
is another addition which can significantly reduce NOx emissions while
having minimal impact on performance [12]. Utilisation of alternative
green fuels has the potential to reduce pollutant emissions while
maintaining performance and reducing fossil fuel consumption. These
include liquid fuels/additives such as biodiesel [13], ethanol [14],
methanol [15], butanol [16], and gaseous fuels such as natural gas [17]
and hydrogen [18] under dual-fuel combustion strategies. Alternative
engine operating cycles such as the over-expanded [19,20], split [21],
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Wankel [22] and free piston [23] offer varying benefits with regards to
performance and emissions reductions and can potentially be used in
conjunction with the aforementioned combustion strategies and alter-
native fuels.

One of the major operating points of conventional internal com-
bustion engines is the piston dwelling near top dead centre (TDC) which
increases the time allowed for combustion. Further increasing this
dwell time has the potential to improve the quality of combustion and
therefore increase performance while simultaneously reducing the
output of harmful pollutant emissions such as soot and unburned hy-
drocarbons. In theory the most efficient cycle for a given internal
combustion engine is the Otto cycle which consists of 1) isentropic
compression, 2) constant volume heat addition, 3) isentropic expansion
and 4) constant volume heat rejection [24]. Practical CI engines fail to
provide the ideal Otto cycle, largely due to the lack of combustion
occurring at a constant volume [25]. Conventional engines use simple
crank-slider mechanisms to convert linear work to rotational torque
which means that the piston can only move between TDC and bottom
dead centre (BDC) at a frequency proportional to engine speed. Com-
bustion however occurs over a fixed period and is largely unaffected by
engine speed. Any combustion occurring before TDC incurs negative
work and combustion occurring during the expansion does not reach its
maximum thermal potential due to reductions in pressure and tem-
perature as the piston moves away from TDC - combustion is not oc-
curring at a constant volume. Reducing piston velocity at TDC while
increasing velocity during the expansion and or compression stroke to
maintain average engine speed would allow for a greater amount of
constant volume combustion.

Chen et al. [25] designed and tested a “Quasi-constant volume” SI
engine where an electric motor/generator directly controlled piston
trajectories and rotational velocities. Through reduced velocities of the
piston near TDC increases in work by 11% were observed compared to
conventional operation. Dorić et al. [26] modelled a SI engine which
combined variable compression ratio and engine displacement to allow
for increased levels of constant volume combustion due to slower
movement of the piston at TDC and BDC. Significant improvements to
performance were observed for part-load conditions and moderate
improvements at full load. Variable compression ratio engines in gen-
eral show promise as they can be tailored to the given cycles operating
conditions [27]. Zhang et al. [28] modelled a free piston engine with
asymmetric piston trajectory controls to reduce NOx, CO and UHC
emissions and improve thermal efficiency by increasing piston dwell
time near TDC. Similar modelling was also carried out by the same
group which showed the applicability of the piston trajectory control to
the likes of HCCI and combustion of alternative fuels [29,30].

This paper focuses on computational fluid dynamics (CFD) model-
ling of an engine cycle which implements a full constant volume
combustion phase (CVCP) in a CI engine. The objective of this numer-
ical study is threefold: (1) to investigate the effects of CVCP start time
on engine performance and pollutant emissions; (2) to examine the

effects CVCP duration on engine performance and emissions; (3) to
study the emission reduction methods under the CVCP strategy.

Fig. 1 shows a comparison of the pressure-volume diagrams for an
Otto cycle, a conventional engine cycle and the proposed CVCP cycle,
each at the same compression ratio, where area between the curves
gives the net work output.

In the present study, an experimental configuration of a recently
built four-stroke turbocharged diesel direct injection CI engine from
Tsujimura et al. [31] was modelled to validate the CFD modelling
strategy for the conventional diesel cycle where fuel injection occurs
when the piston is near TDC and then combustion with normal re-
ciprocating motion (see conventional cycle in Fig. 1). Then the con-
ventional engine configuration of Tsujimura et al. [31] was theoreti-
cally/numerically modified by changing the piston profile to simulate
the proposed CVCP cycle (see CVCP cycle in Fig. 1). In all CVCP test
cases, fuel injection and combustion occur at TDC. The ultimate goal of
the present numerical study is to identify the best possible theoretical
values for CVCP start time, CVCP duration and best possible emissions
reduction method for CVCP operation. The findings of this parametric
study will be used to optimise a novel 2-stroke opposed piston CVCP CI
engine configuration currently being developed by Covaxe Group [32].
For example, Fig. 2 shows the prototype opposed piston axial engine
configuration in which fuel injection and combustion occurs at a con-
stant volume. As seen in Fig. 2, the initial design of the engine consists
of opposed pistons which drive two cams mounted directly on the main
drive shaft. The pistons meet at TDC where fuel is injected and com-
bustion takes place. The cams are profiled so as to hold the pistons
together at TDC for the duration of fuel injection until combustion is
virtually completed. The engine is designed to run under the CVCP
cycle (see Fig. 1) with the aim to improve thermal efficiency due to
higher in-cylinder pressures and temperatures, and reduce carbon-

Nomenclature

BDC bottom dead centre
CI compression ignition
CVCP constant volume combustion phase
CFD computational fluid dynamics
CA crank angle
CO carbon monoxide
EVO exhaust valve open
deg degree
EGR exhaust gas recirculation
HRR heat release rate
HCCI homogeneous charge compression ignition

IVC inlet valve close
NOx nitrogen oxide
LTC low temperature combustion
PISO pressure-implicit with splitting of operators
RCCI reactivity controlled compression ignition
PCCI premixed charged compression ignition
RPM revolutions per minute
TDC top dead centre
UHC unburned hydro carbon
URANS unsteady Reynolds-Averaged Navier-Stokes
CO2 carbon dioxide
CV constant volume

Fig. 1. Pressure-Volume diagram for Ideal Otto, CVCP and conventional engine
cycles at a given compression ratio.
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based emissions due to higher quality of combustion compared to a
conventional cycle.

The remainder of the paper is organised as follows: section 2 de-
scribes the numerical model set up, simulation methodology and vali-
dation, section 3 describes the results and discussion followed by con-
clusions in section 4.

2. Numerical methodology and modelling setup

The numerical simulations were carried out from inlet valve close
(IVC) to exhaust valve open (EVO) using three-dimensional unsteady
Reynolds Averaged Navier-Stokes (URANS) approach. The simulations
were carried out using commercial CFD software Fluent 19.1. All si-
mulations were performed on the University of Southampton IRIDIS 4
high performance computing cluster.

2.1. Governing equations and modelling

The modelling framework solved incompressible URANS equations
for mass, momentum, energy and transport equations for the mean
mixture fraction and mean mixture fraction variance in the main solver
for a chemically reacting mixture using the finite volume method.
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Mixture Fraction:
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Mixture Fraction Variance:
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The nitric oxide and soot emissions were calculated by solving the
transport equations at a post-processing stage as this method was found
to be computationally more efficient.

The transport equation for NOx mass fraction, YNO, is given by:
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A one-step Khan and Greeves soot model [33] was employed to
calculate the soot formation. This model solves a single transport
equation for the soot mass fraction, Ysoot :

⎜ ⎟
∂

∂
+

∂
∂

= ∂
∂

⎛
⎝

∂
∂

⎞
⎠

+
ρY

t
ρu Y

x x
μ

σ
Y

x
R

¯ ¯ ¯ ¯
,soot j soot

j j

t

soot

soot

j
soot

(7)

where ρis the density of the fluid, t is time, ūj a component of the
mean velocity vector, ′uj a component of the fluctuating velocity vector,
xj a component of the position vector, Sm the source term accounting for
any mass added by fuel spray, P is pressure, μ is the molecular viscosity,
Si a component of the body forces (includes source terms accounting for
forces cause by interaction of the fluid with the fuel spray), δij is the
Kronecker delta, f̄ is the mean mixture fraction, Sm i, is the mass transfer
from liquid fuel droplets to gas phase, H̄ is the mean total enthalpy, keff
is the effective conductivity, Cp is the specific heat capacity of the fluid,
Sh is the source term accounting for any further heat losses, ′f̄ 2 is the
mixture fraction variance, μt is the turbulent viscosity, σ is the laminar
Prandtl number, σt is the turbulent Prandtl number, k is the turbulent
kinetic energy, ε is the energy dissipation rate. Cg and Cd are constants.
The mixture fraction is given by = − −f Z Z Z Z( )/( ),l l ox l fuel l ox, , , where Zl
is the elemental mass fraction for an element l, the subscript ox denotes
the mass fraction at the oxidiser stream inlet and the subscript fuel
denotes the mass fraction at the fuel stream inlet, D is the effective
diffusion coefficient, SNO is the components of sources in the gas phase,
σsoot is the turbulent Prandtl number for soot transport and Rsoot is a
component of the net rate of soot generation. The source term of the
NOx transport equation, SNO is calculated with respect to thermal and
prompt NO mechanisms. The source term of the soot transport equa-
tion, Rsoot is calculated using an empirical rate expression.

In this study the standard −k ε turbulence model with standard
wall functions is used to close the URANS equations. The eddy viscosity
term is modelled using the equation, =μ ρC k ε/t μ

2 , where Cμ is a con-
stant. The non-adiabatic non-premixed combustion model is employed,
where the enthalpy defect experienced at the vicinity of the wall is
included in the flamelet generation. The diesel unsteady laminar fla-
melet combustion model is used to describe thermo-chemical coupling
by solving one-dimensional unsteady flamelet equations for a laminar
counter-flow configuration [34]. An assumed beta probability density
function (β-PDF) is used to link turbulence and chemistry. The diesel
fuel chemistry is represented by an n-heptane mechanism consisting of
29 species and 52 reactions [35] and is supplemented with a NOx sub-
mehcanism consisting of 4 species and 12 reactions [36], both of which
are validated for engine relevant conditions. The liquid fuel injection is
handled as a discrete phase which evaporates and then mixes with air in
the chamber. Droplet diameters are assumed to be uniform and injec-
tion is controlled by mass flow rate profiles (see Fig. 4 a)) containing
pilot and main injections. An injector hole diameter of 0.15 mm and
included spray angle of 140 deg are used. The discrete phase model
analytically tracks injection droplets with the fluid flow time step and
models their interaction with the continuous phase using stochastic
collisions and breakup models. Table 1 gives a summary of the nu-
merical models used to account for turbulence, combustion, fuel spray,
pollutants and the dynamic mesh.

A 3-D double precision analysis is carried out using the pressure

Fig. 2. Schematic of the prototype two stroke opposed piston CI engine con-
figuration designed to run using the CVCP cycle, where combustion occurs at
TDC [32].
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based solver to compute the solution. Pressure-velocity coupling algo-
rithms are used to derive an additional condition for pressure by re-
formatting the continuity equation and obtaining a pressure field. PISO
scheme is used due to its suitability for transient flows in terms of
achieving faster convergence and lower computational cost. Second
order upwind schemes are used for the spatial discretisation. Least
squares cell-based method is used to compute gradients. First-order
implicit time-stepping is used due to the variable time step profile
which is used to refine time-steps at injection and throughout the main
combustion phase. Convergence criteria are set to converge at residuals
of 10-3 apart from energy which is set to 10-6. Max iterations per time
step are set to 50. Convergence criteria for the post-processed NOx and
soot scalars are set to 10-6 with a maximum number of post-iterations
each time step of 10. Table 2 outlines a summary of numerical methods
employed for the calculation.

2.2. Numerical setup and validation

Experimental data from a four-stroke turbocharged diesel direct
injection CI engine from Tsujimura et al. [31] was used to validate the
simulations using data for engine geometry, in-cylinder pressure, heat
release rate, injected fuel mass and injection timings. This engine spe-
cification shares a number of similarities with the prototype CVCP en-
gine described in section 1. Table 3 provides engine specifications for
the reference engine at high and low load conditions.

A 51.43 deg geometry representing 1/7th of the full combustion
chamber was created with SOLIDWORKS and then meshed using Ansys
Workbench (Fig. 3.). Meshing a sector allows for a large reduction in
computational costs and is possible due to the symmetry of the 7 in-
jector holes in the combustion chamber. The mesh is refined in the
piston bowl region and inflation layers are added to the piston walls. A
mostly hex mesh is used to reduce numerical diffusion and increase
computational efficiency. Due to movement of the piston, a rigid dy-
namic mesh is used to model compression and power strokes. The dy-
namic mesh model allows for the boundaries of cell zones to move
relative to other boundaries of the zone. A smoothing and layering
method is utilised in this analysis.

Constant temperature boundary conditions (which assume the en-
gine has already been run for a number of cycles) are applied to deal
with heat transfer at the gas–solid boundaries, temperatures are pro-
vided in Table 4. Using the constant temperature condition means that
the wall need not be meshed and is a reasonable assumption due to the
relatively small time scales. No slip boundary conditions are also ap-
plied at the solid walls. The discrete phase model uses a wall film
condition at the solid boundaries, which is described by the stanton-
rutland impingement/splashing model. Periodic boundary conditions
are specified along the side faces of the sector to simulate a full engine.

EGR is implemented by replacing a percentage of the intake air with
exhaust gases. This is achieved by changing the oxidiser stream com-
position in the flamelet and a form of cooled EGR is assumed so initial

temperature is unchanged. Relations for the exhaust gas stream com-
position are deduced from [24]:
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where y is the ratio of hydrogen to carbon in the fuel.

2.3. Validation and mesh sensitivity analysis

Results using 3 different mesh resolutions were compared with ex-
perimental data in order to select a mesh for the study. Mesh densities
were varied by changing minimum element size and maximum face size
to ensure the solution is mesh independent and accurate. Table 5 details
the number of elements in each mesh at BDC.

Fig. 4 a) shows the comparison of pressure and heat release rate
(HRR) between the experimental reference [31] and three mesh den-
sities. Each mesh does a reasonable job at capturing the pressure and
HRR profiles, with pre-combustion pressure, igniton delay and initial
heat release rate all being represented accurately. The coarse mesh
underpredicts peak HRR and combustion pressure at low load and is
discarded. Medium and fine meshes do a better job at capturing HRR
but still slightly underpredict at both loads while peak combustion
pressure is also somewhat overpredicted. Both meshes capture trends
well, with the fine mesh showing only minor improvements over the
medium mesh. Results are deemed adequately mesh independent and
the medium mesh was used during the remainder of the simulations due
to reduced computational cost.

Fig. 4 b) compares the emissions predictions obtained using medium
mesh at EVO in the simulations with those of the exhaust gases in the
reference engine [31]. Soot, NOx and CO2 trends between low and high
load are represented well with all increasing as load increases. Values
are somewhat underpredicted however, which can partly be attributed
to scaling the results with gross indicated work output and taking va-
lues at EVO rather than from exhaust gases due to limitations of the
simulations. Discrepancies arise in the UHC plot. It is much more dif-
ficult to capture accurate UHC values due to the many intermediate
combustion products involved as noted by Kim et al. [37] and a more
detailed reaction mechanism is likely required. The earlier heat release
of the low load main diesel injection observed in the simulations is
another contributing factor as well as the use of n-heptane as a surro-
gate for diesel. Consideration of the likes of UHCs in the initial com-
postion of gases at IVC may also be required to reproduce the experi-
mental results more accurately.

Table 1
Numerical models used in this investigation.

Description Model

Viscous −k ε
Energy/Species Non-adiabatic non-premixed combustion

Diesel unsteady flamelet model
Chemkin mechanism and thermodynamic database

Discrete Phase Droplet particle
KHRT breakup
Stochastic collision
Wall-film boundary condition

NOx Thermal
Prompt

Soot One-step
Dynamic mesh Layering and Smoothing

Table 2
Summary of numerical methods employed for the calculation.

Description Parameter Method/Model/Value

Solver General Pressure-based
Pressure-velocity coupling Flux type

Scheme
Skewness correction
Neighbour correction

Rhie-Chow
PISO
1
1

Spatial discretisation Gradient
Density
Momentum
Energy
k
ε
Mean mixture fraction
Mixture fraction variance
Pollutant NOx
Pollutant soot

Least square cell based
Second order upwind
Second order upwind
Second order upwind
Second order upwind
Second order upwind
Second order upwind
Second order upwind
Second order upwind
Second order upwind

Temporal discretisation Time First order implicit
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3. Results and discussion

In this work the effect of start time and duration of CVCP at low and
high loads is investigated. Simulations of both conventional and CVCP
cycles are carried out and combustion characteristics, efficiency and
emissions are compared. Section 3.1 focuses on the effects of CVCP start
time. Section 3.2 investigates the effects of CVCP duration. Section 3.3
examines further emission reduction strategies.

Fig. 5(a) shows the schematic of the conventional “Base” test cases
where fuel injection occurs when the piston is near TDC and then
combustion with normal reciprocating motion, while Fig. 5(b) shows
the schematic of CVCP test cases where fuel injection and combustion
occur at TDC. Fig. 6 shows an example of the piston profiles used in the
test cases. In this investigation 720 crank angle (CA) refers to TDC at
the end of the compression stroke in a 4-stroke CI engine.

3.1. Varying CVCP start time

The start time of the CVCP in a cycle can have an impact on per-
formance and emissions. To evaluate the effect of CVCP start time, three
different CVCP start crank angles are tested, namely: 40cv700, 40cv710
and 40cv720 which refer to cases with a CVCP duration of 40 deg and
start times of 700CA, 710CA and 720CA respectively. These are then
compared with the conventional engine results denoted as Base. Table 6
details the test cases.

3.1.1. Combustion characteristics
Fig. 7 shows the in-cylinder pressure and HRR curves at high load

for the 3 CVCP cases and the conventional Base case. All cases show an
initial ignition delay phase of roughly 1CA with little to no difference
between any of the cases due to temperature and pressure being largely
the same at start of injection in all cases. All cases also show similar
premixed-charge combustion phases due to the time for mixing being

almost identical between cases, there is however a faster fall off from
peak HRR in CVCP cases. The early increase in heat release is expected
due to the higher pressures and temperatures leading to improved
combustion. The faster fall off in HRR is due both to there being less
fuel/oxidiser availability as more has been burned and the reduced
piston motion leading to poorer mixing of newly injected fuel and
oxidiser compared to the conventional engine. The major difference in
HRR between CVCP and conventional cases appears during the non-
premixed combustion phase, where a secondary peak in HRR occurs.
This secondary peak is the result of increased temperature and pressure
allowing for a higher quantity of the fuel to combust due to much
higher likelihood that the mixture is within its flammability limits.
There is also another uptick in HRR in the CVCP cases which is not
present in the conventional case when the piston begins to move after
being held at TDC. This is due to the displacement of fuel which has not
had a chance to mix properly with oxidiser, a mechanism which is also
somewhat enhanced by the faster piston acceleration away from TDC,
evidenced by the HRR being highest at this point in 40cv720 i.e. the
case with the fastest piston movement after TDC. This is then followed
by the late combustion phase where minimal amounts of combustion
occur with the conventional engine showing slightly higher amounts of
HRR as the piston approaches EVO due to there being slightly more
unburned fuel remaining in the cylinder. It should be noted that
40cv700 has the fastest approach to TDC with 40cv710 being slower
and 40cv720 slower still (same as conventional) while the opposite is
true for movement away from TDC after the CVCP.

The main combustion event in the conventional engine occurs
sometime after TDC due to the engines operation not being fully opti-
mised with regards to pure diesel operation and performance [31,38]
which is a factor in the reduced levels of HRR. Peak pressure in the
conventional engine is observed to be 7.32 MPa while as expected the
CVCP cases show much higher peak pressures of around 15.3 MPa. The
higher pressures are the results of piston being held at TDC and
therefore all of the combustion energy is built up until the CVCP ends
and the piston is released. Higher pressures are then observed for the
majority of the expansion stroke until around 50 deg after each CVCP
ends. There is very little difference between pressure rise rate, peak
pressure and HRR when comparing the 3 CVCP cases. The only major
differences between the 3 cases is the offsetting of each pistons ap-
proach to TDC causing pressure to rise prior to the conventional TDC in
the two early start times, fuel injection and therefore combustion being
offset from one another successively by 10 degrees and the slightly
faster piston acceleration away from TDC the later the CVCP ends.

One of the issues that these graphs highlight is two instances of a
long dwell time at TDC in all CVCP cases. First is the time between pilot
and main injections being too spaced out. This leads to the pressure
being largely stagnant for the first 20CA of the CVCPs-either the pilot
should be removed, and the main injection substituted in its place or
the dwell time between pilot and main injection should be reduced.
Utilising the full CVCP is important as work is not generated until the
expansion begins and if expansion could start for example 20CA earlier
work output would also increase. The second instance of long dwell
time is the levelling off in pressure rise rate observed towards the latter
stages of the non-premixed combustion phases. It could be more ben-
eficial to end the CVCP earlier when the pressure rise rate begins to
reduce as this would not impact performance too greatly, and could
lead to an increase if the increased expansion stroke increases work
more than the further combustion would. This approach would likely
lower NOx significantly due to high temperatures being maintained for
a shorter time period. While not investigated in this study, it should also
be noted that RPM will alter how much of the CVCP is fully utilised. At
lower RPMs long dwell time would increase and at higher RPMs reduce
as actual time spent at TDC changes while rate of combustion generally
does not. This long dwell time is beneficial at higher engine speeds
when the time spent at TDC is shorter.

Fig. 8 shows average in-cylinder temperatures for each case.

Table 3
Engine specifications for the experimental reference engine at high and low
load [31].

Description High Load Low Load

Bore (mm) 115 115
Stroke (mm) 125 125
Compression ratio 17.5 17.5
Initial absolute pressure (bar) 1.6 1.1
Injector holes in full cylinder 7 7
Engine speed (RPM) 1500 1500
Pilot Signal Start of Injection (CA) 710.1 713.1
Pilot Diesel Injection Volume (mm )3 1.2 1.0
Main Signal Start of Injection (CA) 726.1 724.1
Main Diesel Injection Volume (mm )3 76 22
Total fuel energy (J) 2756 821
IMEP (MPa) 0.9 0.3

Fig. 3. Medium density mesh at TDC.
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Average in-cylinder temperatures are for the most part higher for all
CVCP cases when compared to the conventional case, with the con-
ventional case only having slightly higher temperature during the late
power stroke. Average in-cylinder temperatures in the CVCP cases in-
crease until the end of the CVCP due to the build-up of pressure and
heat released by the combustion, but fall off more rapidly once the

piston begins to move again, whereas the conventional case peaks
during fuel injection and temperatures fall off more steadily. The rapid
fall off in temperature is due to higher amounts of heat loss to the walls,
faster piston movement away from TDC and reduced amounts of excess
fuel/oxidiser left for combustion when compared to the conventional
case. Peak in-cylinder temperatures are about 50 K higher in the CVCP

Fig. 4. Validation for the high and low load simulations against the experimental reference [31] for a) pressure and heat release rate and fuel injection mass flow rate
profiles, b) soot, NOx, CO2 and UHC emissions.
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cases compared to the Base case (roughly 2720 k vs. 2670 K). Similar
maximum temperatures are reached during/just after the main fuel
injection in the CVCP cases due to the build-up of energy but lower
maximum temperatures are observed in the conventional engine due to
the lower pressure, chamber expansion and reduced amounts of pre-
mixed combustion. Comparing the CVCP cases, temperatures are gen-
erally higher for longer when earlier CVCP start times are used, owing
to fuel injection and therefore combustion occurring earlier. This is
somewhat counteracted by the faster piston movement in the later
CVCP start times but average in-cylinder temperatures at EVO are es-
sentially equal and roughly 150 K lower than that of the conventional

Table 4
Constant temperature boundary conditions.

Zone Temperature (K)

Chamber main liner face 500
Chamber top liner face
Piston liner face
Chamber top face 600
Piston bottom face 650

Table 5
Mesh densities for validation and mesh sensitivity
anaylsis.

Mesh Density Elements

Coarse 443,868
Medium 746,063
Fine 1,177,867

Fig. 5. (a) Schematic of the conventional Base test case, (b) Schematic of CVCP
test cases.

Fig. 6. Example piston profiles used in Base and 40cv700 test cases.

Table 6
CVCP start time test cases. All at high load with 40 deg CVCP duration.

Description Base 40cv700 40cv710 40cv720

CVCP period (CA) – 700–740 710–750 720–760
Injection period (CA) 714–739 700–725 710–735 720–745

Fig. 7. Pressure and HRR-CVCP start time.

Fig. 8. Average temperature-CVCP start time.
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engine.

3.1.2. Emissions
UHC emissions are a good indicator for the quality of combustion

which occurred as the lower the value the more complete the com-
bustion and the more fuel which was utilised. A number of factors can
cause high UHC emissions including poor mixing of fuel and oxidiser,
low temperatures, fuel getting caught in small crevices and fuel mixing
with lubricating oil [39]. Fig. 9(a) shows UHC emissions reduce dra-
matically with implementation of the CVCP indicating a much more
efficient conversion of fuel to work. This is a result of large amounts of
complete combustion occurring at a constant volume and the higher
temperatures and pressures being ideal for high combustion effi-
ciencies. The reduced mixing caused by the stationary piston is clearly
outweighed by the improved thermodynamic conditions. The 40cv720
case shows the highest UHC values out of the 3 CVCP cases which is
likely due to the shorter amount of time allowed for slower reactions to
occur before EVO and slightly reduced mixing due to the slower com-
pression stroke. This is an important finding: that CVC can give sig-
nificantly reduced UHC emissions, indicative of significantly more ef-
ficient conversion of fuel into work; i.e. appreciably higher efficiency
meaning lower fuel consumption.

Soot emissions are sensitive to many factors, with the main cause of
high soot production being areas of locally rich carbon and low tem-
peratures [40]. Fig. 9(b) shows the CVCP cases produce low soot levels
which are an order of magnitude smaller than the conventional setup.
The low soot levels in the CVCP cases are due to the higher tempera-
tures and high levels of combustion efficiency during the CVCP leading
to very few rich distributions of carbon in the cylinder, as a large
quantity of the injected fuel has gone through quality, complete,
combustion. Fast movement of the piston after the CVCP ends also
promotes the oxidisation of soot and thus reduces its formation further.
Again, the highest soot levels out of all CVCP cases is that of the late

CVCP start time and is likely the result of the increased UHC levels
leading to some locally rich carbon distributions where soot can form
and faster fall off in temperature due to the shortened expansion.

NOx emission is sensitive to in-cylinder temperatures due to the
thermal Zeldovich mechanism [41] with thermal NOx production rate
doubling with every 90 K increase above 2200 K but falling to much
lower rates when temperatures are below 1800 K [42]. As expected, the
prolonged higher temperatures associated with the CVCP strategy lead
to a significant increase in NOx emission, as shown in Fig. 9(c). NOx

emissions are shown to be 6 times higher than the conventional case
and are therefore clearly one of the limiting factors when implementing
a CVCP cycle and optimisation is required to reduce their level. The
later CVCP starts lead to a small reduction in NOx due to the faster
temperature fall off and fuel injection closer to EVO.

Similar to UHC, high levels of CO2 are generally an indicator that
the fuel has undergone complete combustion as a larger quantity of CO
in the chamber has been oxidised. While this trend is followed on a per
cycle basis in this analysis i.e. CVCP cases tend to have higher CO2

levels than the conventional case on a cycle by cycle basis, Fig. 9 (d)
however shows that the specific output of CO2 is highest in the con-
ventional case. This is down to the increase in performance/efficiency
attributed to the CVCP outweighing the increased CO2 per cycle in
those cases when compared to the conventional case.

3.1.3. Performance
Gross indicated performance characteristics are calculated and any

further mention of performance refers to gross indicated performance.
Trapezoidal rule [43] is used to integrate and find the area between P-V
curves for each case, providing the work and from this power, indicated
mean effective pressure (IMEP) and thermal efficiency were calculated.
All performance characteristics are linearly linked and therefore only
thermal efficiency is presented in Fig. 10.

The CVCP leads to increases to thermal efficiencies by 7–8%

Fig. 9. Emissions levels at EVO for (a) UHC, (b) Soot and (c) NOx and (d) CO2-CVCP start time.
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compared to the conventional engine-a reduction of specific fuel con-
sumption (SFC) by over 20%. The increase in performance is caused by
factors including: increased fuel utilisation, higher in-cylinder pressures
and temperatures being built to drive the piston and increased amounts
of combustion occurring at these conditions. The reduced expansion
stroke caused by later CVCP start times appears to be largely balanced
out by the longer compression stroke and increased piston speed when
moving away from TDC enhancing mixing and therefore promoting
combustion, leading to very similar thermal efficiencies between the
CVCP cases.

There is room for improvement in terms of performance increases
due to the previously mentioned long dwell time during the CVCP
phases. This can be achieved through injection profile optimisation and
or reduction of the CVCP duration to eliminate the constant pressure
region and fall off in pressure rise rate. The following two sections
explore these options.

3.2. Varying CVCP duration

Three different CVCP durations are tested, namely: 20 deg (CV20),
30 deg (CV30) and 40 deg (CV40) and are compared to the conven-
tional “Base2” test case. In all cases dwell time between pilot and main
injection has been reduced to address the long dwell time at TDC dis-
cussed in the previous section. All CVCP start at 720CA to allow for
easier comparison to the conventional test case and low load cases are
introduced to gauge the effectiveness of the CVCP cycle across multiple
engine loads. Table 7 outlines the cases.

3.2.1. Combustion characteristics
Fig. 11 shows the in-cylinder pressure and HRR for the 3 CVCP

durations and conventional engine test cases at low and high loads. All
cases at a given load condition show very similar ignition delay timings
with no considerable differences between each other. High load cases
exhibit the same trends as the previous section with slightly increased
initial HRR, faster fall off from peak, secondary peak and uptick upon
piston release. HRR at low load shows a large increase in premixed-
charge HRR for CVCP operation, but no secondary peak due to the
reduced injection volume. Larger amounts of somewhat uneven com-
bustion continue through the CVCPs and HRR also exhibits the upticks
when the piston is released from TDC. The upticks are larger however
as the quality of combustion is lower in the low load cases when

compared to the high load due to the reduced temperatures, pressures
and injection velocities meaning there is a high quantity of unburned
hydrocarbons available for combustion at the end of each CVCP.

At high load peak pressure in the conventional engine is observed to
be 7.25 MPa while the CVCP cases show peak pressures of 12.15 MPa,
14.86 MPa and 15.51 MPa for CV20, CV30 and CV40 respectively. At
low load peak pressure in the conventional engine is observed to be
5.18 MPa, while CV20, CV30 and CV40 have peak pressures of
6.92 MPa, 7.37 MPa and 7.52 MPa respectively. The higher pressures
are the result of much of the combustion occurring at a constant volume
while the piston is being held at TDC and the reduction in pressure as
CVCP duration decreases is simply due to there being less time for
pressure to build and more fuel still needing to undergo complete
combustion. Higher pressures are then observed for much of the ex-
pansion strokes until around 50 deg after each CVCP ends.

The long dwell time at TDC is still present in all cases with the dwell
time between pilot and main injection not being adequately reduced
(difficult to reduce further while still comparing fairly to the conven-
tional engine). However, at high load and low load the CV20 cases
adequately eliminate the part of the CVCP where pressure rise rate
begins to fall off. As do the CV30 cases to a lesser extent but there is still
a reduction in pressure rise rate especially at low load where the drop
off is far more apparent and will impact engine performance. The lower
duration CVCP cases should also benefit from having longer expansion
strokes, and therefore time to output work, which will alleviate the loss
of potential quality combustion and increased peak pressure which a
longer CVCP would have given.

Fig. 12 shows the average in-cylinder temperature at high and low
loads. Average temperatures show similar trends across both load
conditions. Higher temperatures over a prolonged duration are ob-
served in the longer CVCP test cases due to there being more time for
pressure and temperature to build and be maintained. Once released
from TDC each CVCP case falls off more quickly than the conventional
cases with the rate of fall off increasing the longer the piston was held at
TDC due to increased heat transfer to the walls, lesser amounts of fuel
being available for combustion and faster piston movement away from
TDC. In the late expansion stroke all CVCP cases have lower tempera-
tures than their corresponding conventional case and the longest
duration CVCP cases have the lowest temperatures at EVO. Peak tem-
peratures at low load are all within 5 K due to heat transfer counter-
acting the build-up of temperature once HRR slows down. At high load
each successive increase in CVCP duration (0–40 deg) leads to an in-
crease in peak temperature of roughly 30 K.

3.2.2. Emissions
UHC emissions, Fig. 13a), significantly reduce as CVCP duration is

increased at both load conditions, but the amount of reduction levels
out after CV20. The trends indicate that the longer CVCP duration leads
to higher levels of quality complete combustion of the fuel–air mix. The
benefits falling off at low load are linked to the reduction in pressure
rise rate and therefore performance/specific output. Most of the fuel
which could go through complete combustion already has and the re-
mainder is not mixed well with oxidiser and the longer the piston is
held at TDC the more likely it is to accumulate.

For similar reasons there is an initial significant reduction in soot
between conventional and CV20 but much less of a reduction between

Fig. 10. Performance characteristics for thermal efficiency-CVCP start time.

Table 7
Simulated test cases for CVCP duration at low and high load. All with CVCP start time of 720CA.

Case Base2 CV20 CV30 CV40 Base2 CV20 CV30 CV40

Load Low High
Constant volume period (CA) – 720–740 720–750 720–760 – 720–740 720–750 720–760
Constant volume duration (deg) 0 20 30 40 0 20 30 40
Injection period (CA) 720–736 720–740
Mass of fuel injected (kg) 1.93e−5 6.49e−5
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CV20 and CV40 at both loads, Fig. 13b). The reduced amounts of UHC
and higher temperatures greatly contribute to the reduction in soot. The
accumulation of UHC which can occur as the piston dwells near TDC
may also contribute to the slowdown in soot reduction at longer CVCP
durations as this can lead to locally rich high carbon areas in which soot
can form. However, the levels of soot observed are still much lower
than the conventional case soot levels across all CVCP cases at both
loads indicating that even a poorly optimised setup lowers carbon-
based emissions considerably. The levelling off is also somewhat due to
performance reducing slightly at higher CVCP durations due to reduc-
tion in expansion work and therefore specific output is impacted.

Fig. 13c) shows that NOx emissions increase with increasing CVCP
duration at both load conditions due to the higher temperatures present
for extended periods as duration increases. However, the increase be-
tween the conventional case and CV20 is manageable and further op-
timisation of fuel injections, CVCP duration and potentially the im-
plementation of EGR or LTC technologies for example could bring this
value down further while still maintaining the varied benefits of CVCP
operation. When CVCP duration is increased beyond 20 deg significant
increases to NOx are observed and a trade-off between performance,
UHC, soot and NOx emissions will need to be made.

CO2 emissions, Fig. 13d), reduce compared to the conventional case
at all CVCP durations and loads but show a small increase between
CV30 and CV40. In general, the per cycle CO2 emissions increase for
CVCP cases compared to the conventional cases due to the more com-
plete combustion and therefore conversion of fuel to CO2 but the much
improved performance leads to a reduction in specific output. Com-
paring the CVCP cases the reduced performance and increased CO
oxidation at the longer durations leads to an increased specific output at

CV40 and again we observe the general levelling off in reduction after
CV20. As with all other carbon-based emissions CO2 levels are still
much lower than the conventional case at all CVCP durations.

3.2.3. Performance
Thermal efficiency at high and low load is presented in Fig. 14 and a

significant increase of 7–8% is observed between conventional and
CVCP cases. As expected due to the long dwell time and reduced ex-
pansion stroke there is a considerable levelling off in performance after
CV20 with CV40 even reducing compared to CV30. CV20 shows the
greatest relative increase due to the reduction in the dwell time at TDC
and therefore the elimination of the pressure rise rate falls off which is
present at other durations. Pressure rise rate fall off is essentially an
indicator for the beginning of diminishing returns for CVCP duration
increase in terms of performance. While for the most part there is a
greater amount of complete combustion and higher peak pressures
occurring at longer CVCP durations the reduction in potential work
output by shortening the expansion stroke unnecessarily begins to
outweigh the combustion benefits, evidenced by the performance de-
crease between CV30 and CV40.

3.2.4. Contour analysis
Fig. 15 shows contours of UHC at 740CA which represents a crank

angle both very close to end of injection and before the end of the CVCP
in all cases (contour will be the same in CV20, CV30 and CV40) and
therefore highlights the difference between fuel injection in the con-
ventional and CVCP engines. There is clearly a wider distribution of fuel
in the conventional case with the fuel spray impinging at the top edge
of the piston bowl and causing a flow which pushes the mixture both

Fig. 11. Pressure and HRR at low and high load-CVCP duration.

Fig. 12. Average temperature at low and high load-CVCP duration.
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towards the top face/liner of the cylinder as well as along the piston
bowl wall and towards the bowl centre. Whereas in the CVCP cases the
fuel spray is incident lower, much more towards the piston bowl, and
while a similar pattern emerges in that some of the fuel reflects up-
wards, the majority moves along the piston bowl wall and towards the
centre of the bowl. With that said, even with the reduced level of
mixing involved in the CVCP cases, the UHC concentrations are much
lower compared to the conventional case due to the improved com-
bustion quality and therefore generally reduced levels of UHC.

Contours of temperature, NOx, soot and fuel–air equivalence ratio
are depicted for high load at 760CA in Fig. 15. 760CA is chosen due to it
being the end of the longest CVCP phase (CV40). Areas of high NOx

production are shown to occur at areas of high temperature, which
correspond to the main combustion sites where the fuel spray was
aimed. Temperature contours show that combustion is much more
spread and of a lower temperature in the conventional case whereas as
CVCP duration increases combustion becomes much more focussed on
the centre of the piston bowl and temperature increases. This is clearly

Fig. 13. a) UHC, (b) soot, (c) NOx and (d) CO2 emissions at low and high load-CVCP duration (0 deg represents Base2).

Fig. 14. Performance characteristics at low and high load-CVCP duration.

Fig. 15. Contours of UHC at 740CA and temperature, NOx, soot and fuel air
equivalence ratio at 760CA for the high load cases-CVCP duration.
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reflected by the increased NOx levels in these areas. The main areas of
initial soot production are near to the injector where temperatures are
lower and there is increased mixing in the wake of the injection as well
as in the piston bowl on the edge of the main combustion site. These
areas of early soot formation correspond to zones of rich fuel–air
equivalence ratio. Fuel rich areas are much more focussed around the
piston bowl area in the CVCP cases due to this being the area where the
injection is directed at TDC (piston does not move during injection in
any CVCP case). However even with the areas being the focus of the
entire fuel injection they are much leaner than the corresponding
conventional case due to the higher quality of combustion leading to far
reduced levels of UHCs. The high combustion quality in the CVCP cases
means that soot has hardly developed comparative to the conventional
case.

3.3. Nox reduction study

As noted in the previous sections several improvements can be made
to the engine operation which should lead to a reduction in NOx levels
and potentially further improve performance of the CVCP strategy. The
two avenues explored in this section are EGR and injection profile op-
timisation. EGR is introduced as this is an effective method for NOx

reduction which when implemented correctly can have minimal impact
on engine performance and other emissions outputs [44]. Three dif-
ferent fuel injection profiles are tested to examine the effects of injec-
tion rate and the reduction of the long dwell time at the start of the
CVCP periods. Finally, a “best” case is tested which combines the most
successful EGR and fuel injection profile cases. Each case in this section
utilises a 20 deg CVCP starting at 720CA as this constant volume phase
duration receives many of the benefits of the strategy while not in-
creasing NOx as severely as the longer durations. Table 8 outlines the
cases.

3.3.1. EGR
A cooled form of EGR is used which assumes exhaust gas re-

circulation does not change initial in-cylinder temperatures and intake
air is replaced by exhaust gases which are made up of CO2, H2O and N2.
Fig. 16 shows the in-cylinder pressure and HRR for 0%, 15% and 25%
EGR rates. Increasing the amount of EGR leads to a reduction in peak
pressure by 0.58 MPa and 1.06 MPa for 15% and 25% EGR respectively.
Pressure rise rate is also reduced as well as peak and total heat release.
This is largely the result of a reduction in oxidiser, but dissociation of
CO2 and H2O during combustion and the higher heat capacity of the
exhaust gases causing them to act as a heat sink also contributes to the
lowering of both combustion rate and rise in temperature.

Fig. 18 shows emission levels at EVO for each test case. The addition
of EGR reduces the in-cylinder temperatures and thus there is a con-
siderable reduction in NOx for the 15% and even more-so 25% EGR
rates. However, increasing the rate of EGR also leads to the increase of
UHC, soot and CO2 emissions, Fig. 18a), b), d). For CO2 this is largely
due to the recycling of CO2 from the previous cycle. For UHC and soot
several factors cause the increase. Oxidiser reduction means the amount
of fuel rich zones in which soot formation can occur increases as the
overall fuel–air equivalence ratio in the chamber increases and also
reduces the amount of soot oxidation that is possible. The reduction
also means there is less oxidiser for fuel to undergo complete

combustion with and therefore hydrocarbons are left unburned and
more CO is observed due to less oxidation leading to CO2. The increase
in UHC also further promotes soot production as there are more locally
carbon rich areas. Generally lower in-cylinder temperatures due to the
aforementioned dilution, chemical and thermal effects of EGR also
promote soot production and UHC increases. Nevertheless, the sig-
nificant reduction in NOx when operating under a CVCP strategy is a
promising finding.

Fig. 19 shows the thermal efficiencies for each test case. Perfor-
mance decreases slightly at the low EGR rate but somewhat more sig-
nificantly at the higher rate. This performance decrease is expected as
Fig. 16 shows both pressure at the end of the CVCP period and total
heat release are lower as EGR rate increases, thus leading to a lower
work output and therefore performance. The finding is also backed up
by the increased UHC level, i.e. wasted fuel energy. EGR essentially
slows down the rate and total amount of combustion to the benefit of

Table 8
Simulated test cases for NOx reduction. CVCP start time 720CA and duration 20 deg.

Case EGR Fuel Injection Best Case

0% 15% 25% Small Dwell No Pilot Increased Duration Small Dwell + 15% EGR

Pilot Injection Period (CA) 720–722 – – 720–722
Main Injection Period (CA) 728–739 725–736 720–732 720–739 725–736
Mass of fuel injected (kg) 6.49e−5

Fig. 16. Pressure and HRR for NOx reduction using EGR.

Fig. 17. Pressure and HRR for NOx reduction using varied injection profiles.
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NOx emissions, but to the determinant of performance, and thus the
two must be balanced.

3.3.2. Injection profile
The long dwell time at constant volume is addressed by testing 3

new injection profiles. This issue stems from some of the time spent at a
constant volume not being used for combustion and therefore either
unnecessarily increasing NOx or and reducing the potential perfor-
mance gains. The 3 injection profile cases are: Small Dwell which uses a
reduced dwell time between pilot and main injection; No Pilot which
combines main and pilot injections and moves the main injection to the
start of the CVCP phase; and Increased Duration which uses a single
long injection with reduced injection rate. Fig. 17 shows the in-cylinder
pressure and HRR for the fuel injection profiles.

Clearly No Pilot leads to the greatest increase in peak pressure and
has the fastest peak pressure rise rate. This is due to there being a
greater amount of time for combustion to occur at a constant volume
(fuel injection finishes earliest out of all cases), the increased volume of

fuel in the main injection and the increased amount of premixed charge
combustion owing to there not being a pilot injection (longer main
injection ignition delay). While this does increase performance, Fig. 19,
and decrease UHC/soot emissions, Fig. 18a), b), the large increase in
NOx, Fig. 18c), due to in-cylinder temperature increases associated with
the higher pressures and longer ignition delay likely means this is not a
feasible injection strategy.

Increased duration leads to a higher peak pressure than CV20 due to
the increased time allowed for fuel to combust at a constant volume.
Large amounts of combustion occur in the premixed charge combustion
phase due to the lack of pilot injection, but peak pressure rise rate is
lower due to the much slower injection rate and slower release of fuel
for combustion in the mixing-controlled combustion phase. This injec-
tion strategy also has the lowest amount of heat release during the early
expansion after the piston is released from TDC which means pressure
falls faster and less work is output compared to CV20. Increased fuel
injection duration is a reasonable way to maintain NOx levels while
attaining a higher peak pressure due to the temperature rise being
slower throughout the CVCP. However, this strategy incurs increases to
soot and UHC emissions due to the poorer mixing of the fuel injection
leading to zones of high carbon concentrations in the chamber which,
when combined with the lower in-cylinder temperatures, leads to UHC
and soot formation. Further optimisation of this strategy is required but
the pressure increasing while NOx is maintained means the strategy has
potential given better implementation.

Small Dwell achieves the second highest peak pressure while the
pilot injection means the peak pressure rise rate is slightly slower than
that of the No Pilot test case. The advancement of the main injection
allows for a greater amount of combustion to occur in the CVCP when
compared to CV20 which in turn leads to the higher pressure, perfor-
mance and decreased UHC. NOx does however increase by a small
amount due to the increased temperature, a result of the reduced
benefit of a pilot with a smaller dwell time between injections. Small
Dwell is likely the best of the injection profiles due to the improvements
to performance and carbon-based emission outputs, however, none of

Fig. 18. Emissions levels at EVO for (a) UHC, (b) soot and (c) NOx and d) CO2-NOx reduction.

Fig. 19. Performance characteristics for thermal efficiency-NOx reduction.
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the current injection profiles assist adequately with NOx reduction.

3.3.3. Combining “Best” EGR and injection profile
Finally, a combination of the “best” EGR and injection case was

carried out to obtain an end result. Small Dwell with 15% EGR was
chosen due to the benefits of both strategies outlined previously.
Positive results were found with a small peak pressure increase (Fig. 17)
observed compared to CV20. The EGR addition reduces the overall
combustion rate when compared to the normal Small Dwell case but
performance is only slightly reduced. NOx emissions are much reduced
compared to CV20 and even slightly lower than the conventional case.
UHC emissions are higher than CV20 but half that of the conventional
case while soot emissions climb a small amount but are still much less
than in the conventional case. All in all, this strategy would appear to
be feasible with NOx emissions comparable to the conventional engine
but much lower soot/UHC emissions and improved performance.

4. Conclusions

A comprehensive numerical modelling study has been carried out to
assess the benefits of a constant volume combustion phase (CVCP)
being implemented in a compression ignition engine with focus on
performance/efficiency and emissions. The numerical modelling fra-
mework has been validated with experimental data from a conventional
turbocharged compression ignition engine. Three-dimensional unsteady
Reynolds-averaged Navier-Stokes simulations are performed using a

−k ε turbulence model with diesel unsteady laminar flamelet com-
bustion model being used to describe thermo-chemical coupling.

The study examined the effects of CVCP start time, CVCP duration,
EGR addition and injection strategies demonstrating that a properly
optimised CVCP engine has many benefits, in terms of pollutant emis-
sions and performance, compared to conventional engine operation.

Key findings and conclusions are as follows:

1. The CVCP strategy was shown to increase thermal efficiency by up
to 8%, representing a reduction in specific fuel consumption of up to
20% compared to conventional engine operation.

2. The CVCP strategy leads to a large reduction in carbon-based
emissions with soot and UHC values often being an order of mag-
nitude smaller compared to conventional engine operation.

3. The CVCP strategy incurs large increase to NOx compared to con-
ventional engine operation, however this can be negated by the
introduction of low levels of EGR and in combination with the
correct injection strategy does not sacrifice the benefits listed above.

4. The CVCP strategy leads to higher peak in-cylinder pressures and
temperatures compared to conventional engine operation with
greater amounts of heat release during the non-premixed charge
combustion phase.

5. CVCP start time has very little impact on emissions and performance
allowing for flexibility in engine balancing later in the design pro-
cess.

6. Increasing CVCP duration beyond a certain point (CV20 in this
study) leads to large increases in NOx emissions and diminishing
returns in terms of performance and carbon-based emissions re-
ductions due to pressure rise rate fall-off and dwell time spent at
TDC when work output could have begun if the piston was released
earlier.

7. EGR rates as low as 15% are shown to greatly reduce NOx emissions
and when combined with improved injection strategies which re-
duce the amount of dwell time during the CVCP, such as decreasing
dwell time between pilot and main diesel injections, can maintain
the improvement in performance and reduction in carbon based
emissions.

The key findings of the present numerical study on CVCP start time,
CVCP duration, EGR addition and diesel fuel injection strategy will be

considered in the optimisation of the CVCP opposed piston engine
currently being developed by the Covaxe Group [32].
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