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Abstract. The vibration suppression by deliberately introducing a parametric excitation in the
fluid-film bearings is investigated for an industrial turbine rotor system. A journal bearing with
variable adjustable geometry is operated in such a way that the effective stiffness and damping
properties vary periodically in time. The proposed bearing is designed for having the ability of
changing the bearing fluid film thickness in a semi-active manner. Such an adjustment of the
journal bearing properties introduces in the system a time-periodic variation of the effective
stiffness and damping properties of the fluid-film. If the time-periodicity is tuned properly to
match a parametric anti-resonance, vibration suppression is achieved in the overall system. The
paper presents the principle of operation of the recently developed bearings. The simulation of
an industrial turbine rotor-bearing shaft line at induced parametric excitation motivates the
further development and application of such bearings since the vibration amplitudes are
considerably decreased in critical speeds.

1. Introduction

Several journal bearing initiatives have been launched on improving the rotordynamic efficiency of
industrial turbines. The demands for vibration control in rotating machinery motivated the
development and application of journal bearings with adjustable/controllable properties the latest 20
years. The reduction of vibration through the application of adjustable/controllable journal bearings
has been proved to be beneficial for many kinds of rotating machinery. Through the concept of
adjustable properties of journal bearings it is possible to increase the stability of the rotor-bearing
system, to enlarge its operational frequency range, to suppress resonance vibration amplitude, to
reposition journal centre of rotation whilst in operation, to suppress journal orbits for a range of loads,
and to provide reduced oil temperature rises compared to the conventional bearing. Theoretical
modelling and practical tests have demonstrated clear improvements over conventional fluid film
bearings, along with a number of other characteristics offering benefits that may be of interest to
designers and users of such bearings.

In general, several methods have been presented in order to dissipate the vibration energy and to
keep low vibration levels in rotating machines. Among these mechanisms are seal dampers (Vance
and Li, [1]), squeeze-film dampers (San Andres and Lubell [2]), hybrid squeeze-film dampers (EI-
Shafei and Hathout [3]), and magnetorheological squeeze-film dampers [4-7]. Mechanisms that
incorporate active adjustment of journal bearing properties have been proposed since the last 20 years;
among them the hydraulic active chamber systems (Ulbrich and Althaus [8], Althaus et al. [9, 10], and
Santos [11]), and the variable impedance hydrodynamic journal bearings (Goodwin et al. [12]). The
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magnetized journal bearings lubricated with ferro fluids (Osman et al. [13]) offer also the benefit of
controlling the fluid film properties because of their controllability by an external magnetic force.

When part of the hydrostatic pressure is dynamically modified by means of hydraulic control
systems, one refers to the active lubrication. The concepts of the actively lubricated bearings (Santos
[14], Santos and Russo [15], Santos and Nicoletti [16], and Santos and Scalabrin [17]) and of the
active-control on fluid bearings (Bently et al. [18]) have met also wide research and remains still under
promising investigation. By the association of electronics, control design, and hydraulics, the active
lubrication simultaneously allows the reduction of wear between rotating and nonrotating parts of the
machinery and, in addition, the attenuation of rotor vibration. Recent theoretical (Santos and Nicoletti
[19], and Nicoletti and Santos [20]) and experimental (Santos and Scalabrin [21]) investigations
related to active lubrication showed the feasibility of attenuating rotor vibrations in test rigs with rigid
rotors. The use of active lubrication in tilting-pad journal bearings (TPJB) has the strong advantage of
resulting to bearings with negligible cross-coupling effects between orthogonal directions. However,
this kind of active strategy can also be applied to hydrostatic (Bently et al. [16]) and to multilobed
bearings (Santos et al. [21]).

On the concept of introducing the variable geometry of a journal bearing in order to adjust its
properties there are several contributions with various methods for the adjustment of the clearances
through the deformation of the bearing pads; among them a novel adjustable multi-lobe hydrodynamic
journal bearing was designed, manufactured, fitted and experimentally tested by Martin and Parkins
[22] and Martin [23] replacing a conventional bearing in a large marine gearbox. The novel bearing
demonstrated the ability to suppress journal orbits and to translate the journal orbit in a controlled
manner by an amount exceeding double the clearance of the conventional bearing. A novel tight-
tolerance tilt-pad journal bearing that provides increased stability in high speed turbomachinery was
analyzed and measured by Bischof and Zhou [24]. On a similar way, an active journal bearing with a
flexible sleeve that is deformed under controlled pressure of a hydraulic chamber has been developed
by Krodkiewski and Sun [25] and Krodkiewski [26] as a method to control the stability of rotor-
bearing systems.

Unlike most of works of the past that incorporated various mechanisms for active control of
bearing properties through the lubrication pressure or the bearing deformation (geometry), the present
work introduces the technique of modal interaction through a recently developed partial arc journal
bearing of adjustable geometry/properties [27]. The principle of parametric resonance and anti-
resonance that has been extensively studied [28-31] was applied also recently in a Jeffcott rotor system
mounted on AMBs [32]. The activation of coupling between two modes of vibration under specific
periodic change of the bearing stiffness coefficients impacts the maximum amplitude developed
during passage through resonance at a constant run-up. The principle is studied in this paper by
implementing the periodic stiffness variation of the bearings by periodical changing of the fluid film
bearing geometry [33-34] under a recently proposed bearing configuration [27]. This work aims to
orient the application of such vibration suppression mechanism to industrial turbine applications and
to investigate the efficiency and applicability considering actual stiffness and damping design
characteristics of the system. The impact of modal interaction to the 1% critical speed amplitude is
presented on a Jeffcott rotor application of similar properties to those of a higher speed industrial
turbine (>7000RPM) with the results to show even up to 70% amplitude reduction. At the last section,
a turbine rotor of Rated speed higher than 7000RPM is simulated using the Transient Transfer Matrix
Method (TTMM) [35] and the response amplitude is evaluated numerically as a function of rotating
speed during a slow run-up of constant speed rate. With the rated speed to be in between 1% and 2™
critical speed the application of the method is shown to be very beneficial on reducing the 1% critical
amplitude under certain bearing stiffness and damping variation.
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2. Implementing periodic stiffness and damping coefficients in journal bearings

The periodic variation of the stiffness and damping coefficients of the fluid film is implemented in this
study using the proposed partial arc journal bearing shown in figure 1 [27]. The proposed journal
bearing with variable geometry enables the periodic variation of its properties by displacing its pads
with the desired frequency Q,, and at amplitude d, that is supposed to result in a respective variation of

the stiffness and damping coefficient regarding the operating conditions. The domain of values of
excitation frequency is expected not to exceed 10~15 times the 1% critical speed of the rotor, meaning
that values up to 3000-3500rad/s are expected to be applicable for higher speed industrial turbines, e.g.
Turbines running at a rated speed of 500-800rad/s regarding their size, after having passed through
their 1%, existing usually between 200-300rad/s.

Regarding the amplitude d, of the pad
vibration, it should be expressed as a small
percentage of bearing radial clearance, e.g.
1%-10% meaning that for an industrial
turbine application, an absolute amplituded,
of 5-50um should be expected in the
application.

Regarding the loading conditions and the
eccentricity of the journal at operation, the
variation of the bearing properties should
occur at a range of 10% to 50% of its
nominal values. The amplitude ¢ of variation
for K and o has not to be equal or similar.

As it is shown in figure 2, the higher the
frequency of excitation 2, and the amplitude
d,are, the more the variation of stiffness
coefficients is. Similar progress is noticed for
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Figure 1. Representation of the principle of variation of the stiffness and damping
operation for the 2-arc bearing with variable properties has not to be strictly sinusoidal so
geometry and adjustable properties [27] as the principal of parametric excitation to be
applicable; periodic variation is able to introduce the modal interaction into the vibrating system.
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Figure 2. Stiffness coefficients of the 3-arc bearing as a function of time, for different amplitude of
pad displacement a) d, =5%c , b) d, =10%c, and c) d, =15%c, variable cases of excitation

frequency Q. , and for So=1.
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3. Introducing modal interaction in a Jeffcott rotor

The preliminary study of the modal interaction using variable bearing coefficients is presented in this
section aiming to highlight the principal and the benefit of vibration suppression. In the next section 4
the application is extended to a realistic model of an industrial turbine for power generation. Assuming

a Jeffcott rotor as in figure 3, carrying a disc of mass m, at its mid-span and two rotor studs of mass
m; at its ends, mounted in two journal bearings of linear coefficients, the motion equations are written
as in equation (1) with the bearing impedance forces to be implemented as in equation (2). In
equations (1) and (2), yandzare the vertical and horizontal displacements of the disc, while y;and
z;are the vertical and horizontal displacements of the journals that are assumed to be equal in both

journals due to the symmetry of the system. The rotor experiences uniformly accelerated rotation of
low magnitude with Q =5rad/s*’and Q/Q? ~8.68e -5, where Q, is defined in table 1 together with
the basic geometrical and physical properties of the system, that is supposed to correspond to an
industrial steam turbine application of higher speed . The disc is supposed to execute a whirling due

to the deformation of the elastic rotor with very small amplitude 5=(y2+22)1/2 (see figure 3)

compared to rotor’s length, thus in equation (1) the components related to tangential acceleration Q- &
are neglected.

m,§+K(y-y;)=-m,5Q%sin(Qt* /2)

m,Z+K(z-2;)=m, 5Q% cos(Qt* /2)
—2m,y, +K(y-y;)-2F =0 @
—2m;z; +K(z-12;)-2F, =0

F = Kwyj +CYij +sz2,- +CYZz'j @

F = Kzzzj +CZZZj +KZij "‘szyj'

This very simplistic model aims to
correspond in vibration amplitude and natural

Figure 3. Representation of a Jeffcott rotor model

: . frequency to the realistic example followin
carrying two masses at its ends [34] q y P d

in section 4. As it is seen in equation (1), the

discs are not modelled for tilting motions but
only for lateral displacement, so although the 1% mode would correspond to a realistic example, the 2™
mode would not do. The journal masses are mounted at the ends of Jeffcott rotor so as to introduce the
2" natural mode that would maximize the relative vibration of the ends of the rotor with respect to the
mid-span displacement. Under this consideration, the system will show that the modal interaction
occurs in specific frequencies of bearing coefficient variation and deducts energy from the 1% mode
(less damped) to transfer it at the 2™ mode (much damped) and in this way to decrease the vibration
amplitude when the system vibrates at 1% mode (1% critical speed).

The only source of damping is the fluid film viscous damping expressed with realistic values in
table 1. Bearing stiffness coefficients correspond also approximately to a real application. The ratio of
rotor stiffness to bearing stiffness has been also considered to meet realistic examples. Pedestal
properties are not incorporated in this study in order to focus on the rotor-bearing interaction and they
are left to be presented in upcoming works. Unbalance magnitude corresponds to the permissible
residual unbalance defined by GE standards.
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Table 1. Basic geometrical and physical properties of the Jeffcott rotor

Rotor | Bearing
Disc Mass m, =5000kg Ky K, 15 -10
=K ,N/m
Journal Mass m; =500kg Ky Ky -1 7
Slenderness ratio L/D~9 C, C, 60 -19
Young Modulus E =210GPa C.. C -15
st zY 4
1" natural freq. Q, ~ 240rad/s
Stiffness K =48EI /®
1007 '
80 ) !
S60 " =
§4o gz‘
20
B 8 0 %% 2 B B

Figure 4. Disc (left) and journals (right) 0-pk amplitude as a function of rotating speed, solved

analytically
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Figure 5. Disc (left) and journals (right) amplitude as a function of t (in sec.) and Q; numerical
solution

With Q, =/48El / m, / L* to be the 1 natural frequency of the Jeffcott rotor in rigid supports, see

also table 1, the two of the eigenvalues of the system in equation (1) corresponding to rotating speed
are evaluated as A4 =0.971Q,and A, =6.547Q,. The amplitude of disc and journal response as a

function of rotating speed is plotted in figure 4 for the analytical solution and in figure 5 for the
numerical solution using Runge-Kutta method. The 90um amplitude of the disc and the 6um
amplitude of the journal response do correspond well to real applications. However, looking at the 1%
critical speed peak at figures 4 and 5 it is seen that the amplification factor is very high in this
frequency (or the effective damping is low) and that the 2™ critical speed is almost of negligible
amplification factor. This will amplify the vibration reduction due to modal interaction and it is true
that the real system under consideration experience much more effective damping at the 2™ critical
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speed than at the 1%. The transient response is evaluated for Q/Q, =0~10and with low Q) s0 as to

obtain the highest resonance amplitude and to correspond also to real operation.

The numerical solution of equation (1) plotted in figure 5 will act as reference for the comparison
of the numerically solved system when parametric excitation is introduced with the scheme presented
in equations (3) and (4) [34]. The system, although linear, is not solved in this work using the classical
Floquet theory for periodic elasticity effects and the numerical solution is preferred.
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Figure 6. Stiffness and damping variation of € =0.4 . Disc (left) and journals (right) amplitude as a
function of t(insec.) and Q; numerical solution
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Figure 7. Stiffness and damping variation of € = 0.8 . Disc (left) and journals (right) amplitude as a
function of t(in sec.) and Q; numerical solution

The candidate values ofQ,, that would introduce modal interaction in the system are
Q.. =(/12—21)/n (neZ") if the system’s stiffness and damping matrices are symmetrical, or

Q. :(A2 +21)/ n if the system’s stiffness and damping matrices are not symmetrical [29-33]. In the

current case the system’s stiffness and damping matrices are symmetrical.
As it is shown in figure 6, a value of £ =0.4 as amplitude of the stiffness and damping variation under

an Q. =5.576Q, would only create a resonance at rotating speed Q = Q) at both disc and journals
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without suppressing much the 1* critical speed amplitude. Increasing the variation further ate =0.8 |
the 1% critical speed amplitude is decreased at about 70% of its reference value shown in figure 5
while the journals would experience increased vibrations at Q) = Q,_, ; however, the amplification of

response at such a frequency would not consist a problem since the operating range is supposed to be
up to3Q), .

4. Modal interaction and vibration suppression of turbine rotors

An example of applying modal interaction to an industrial steam turbine for power generation is
presented in this section. The rotor model is implemented using the Transient Transfer Matrix Method
(TTMM) [35] including additional masses of blading. Two bearings of variable geometry, see also
figure 1 [27], of finite length are modelled as in [27] in order to introduce the parametric variation of
their properties at the desired frequency and amplitude, as explained in section 3. The physical and
geometric properties of the rotor-bearing system are presented in table 2 and a representation of the
rotor outline is shown in figure 8.

Table 2. Basic geometrical and physical properties of the turbine rotor-bearing system

Rotor & Blades | Bearings
Bearing #1 Bearing #2
Total rotor mass M =5500kg  Load F =26kN F, = 30kN
Equivalent diameter D = 400mm Diameter D, =180mm D, =200mm
Mass polar moment J= 250kgm2 Length L, =120mm L, =140mm
Bearing span L =3500mm Radial clearance ¢, =180um ¢, = 200um
Young Modulus E =210GPa  Oil Viscosity 1 =0.03Pa-s u=0.03Pa-s

ol R
iiPSisan g s

Figure 8. Approximate representation of the turbine used in this example and its discretization for the
implementation of TTMM. Additional masses shown in dark, bearing locations indicated by triangle.

The TTMM is a method that combines the classical Transfer Matrix Method (Myklestad-Prohl
method) with linear or nonlinear acting forces so as to perform linear or nonlinear transient response

analysis [35]. The system is supposed to operate at a nominal speed of Q =700rad/sor Q ~ 2.2Q),

where Q, =319.4rad/sis the first critical speed at the vertical direction. The discretization of the

rotor consists of about 60 cylindrical rotor segments. The distributed total mass along each segment
(shaft and blading) is represented by division to two equal concentrated masses at the ends of each
segment. Each mass is supposed to execute its motion under the action of the shearing forces and
moments of the sides segments including bearing forces and external forces (unbalance) when present.
The response of each mass is evaluated in discrete time domain after the numerical solution of the
segment’s equations of motion that describe its motion.
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The speed depended fluid film properties of stiffness and damping are evaluated for the theoretical
range of operation 0 < Q/Q, <5and they are plotted in figure 9 for a specific range of Q/Q, . The
amplitude of periodic variation of the fluid film properties is represented in figure 9 for the K,, and
C,y coefficient for an applied displacement of £=0.4, see also eqgs. (3) and (4). The sinusoidal

variation shown in figure 9 is representative and does not correspond to the actual frequency of
variation.
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Figure 9. Speed depended stiffness (left) and damping (right) coefficients and their implemented
amplitude of periodical variation, e.g e=0.4.

The system executes a run-up at 0<Q/Q, <5with a constant angular acceleration of

Q=10rad/s’orQ/ Q2 ~9.8e~5. The ratio of Q/Q2 <1 provides the minimum amplitude

decrement due to transient phenomena during the passage through resonance. The unbalance
magnitude complies to the standards for maximum permissible residual unbalance in steam turbines of
higher speed. With the rotor to be mounted in conventional 2-arc journal bearings (see also figure 1)
and without excitation, € =0andQ,, =0, the system’s response at mid-span and bearings is plotted in
figure 10. In figure 10 it is shown that the system passes through the 1% critical speed with a relatively
high amplification of the response in the vertical direction, while in horizontal direction the response
appears well damped. The maximum amplitude in the operating range (0-rated speed) appears at the
critical speed and is of about 440um magnitude. Further increment of the rotating speed would
decrease the rotor and journal response amplitude in horizontal and vertical direction, see figure 10

right. The system obtains the 2™ critical speed in the horizontal direction at about Q/Q,~3.95.
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Figure 10. Unbalance response amplitude as a function of rotating speed at a constant run-up of the
system without introducing parametric excitation; left: bearing mid-span, right: 1% bearing location
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Figure 11. Unbalance response amplitude as a function of rotating speed at a constant run-up of the
system introducing parametric excitation within € =0.4and Q) =2.95Q); . Left: at the bearing mid-
span; right: 1* bearing location
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Figure 12. Unbalance response amplitude as a function of rotating speed at a constant run-up of the
system introducing parametric excitation within ¢ =0.6 and Q) =2.95CQ); . Left: at the bearing mid-
span; right: 1* bearing location
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Figure 13. Unbalance response amplitude as a function of rotating speed at a constant run-up of the
system introducing parametric excitation within € =0.8 and Q,, = 2.95€Q), . Left: at the bearing mid-
span; right: 1* bearing location
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The journal bearings operate at a relatively low eccentricity when speed ratio is raised at higher
values with the linear bearing coefficients to obtain such values that introduce instability. The bearing
instability occurs in this application at a speed ratio Q/<Q, >5and this corresponds to a relatively

high speed. However, with the current bearing configuration of a loading sector of 50°, the eccentricity
of the bearings is relatively high and instability does not occur, even in higher speed ratios.
Furthermore, the proposed bearing is supposed to enhance or even eliminate instability when
parametric anti-resonance is introduced at the system [27, 33, 34]. However, one could notice that in
the current example and with the bearings at ‘non-excited’ operation, instability will occur at
Q/Q,>5, see figure 10.

In continue, the parametric excitation is introduced at the system with the variation of the linearized
stiffness and damping properties of the bearings at a dimensionless amplitude of € =0.4, see also egs.
(3) and (4). According to the description of section 3, a candidate frequency of excitation in which the

modal interaction should occur is Q,, =(4,—4)/n, where here 4, =Q, and 4, =3.95Q are the 1*

and 2" critical speed estimated from the response peaks; thus, an Q,, =2.95Q, is applied and the 1*

and 2™ bending mode are supposed to get coupled, reducing the 1% critical speed amplitude form
440um to 390um as shown in figures 10 and 11 (left).

The modal coupling impacts the maximum amplitude developed during passage through
resonances and at each critical speed transient vibrations of the corresponding mode are excited. Due
to the mode coupling, if one mode is excited at a critical speed then energy is transferred to the other
mode too. On one hand, the maximum amplitude at the first critical speed is decreased by modulation
since some vibration energy is transferred to the highly damped second mode where it is partly
dissipated. On the other hand, the maximum amplitude at the second critical speed is increased by
modulation since some vibration energy is transferred to the lightly damped first mode. This sequence
of events is better shown in figures 12 and 13 where bearing stiffness and damping variation is
progressively increased at € =0.6and &= 0.8 respectively and the phenomenon of modal interaction is
amplified.

A periodic modulation of the stiffness and damping properties can be decomposed to multiple harmonics
(Fourier series). The weight/amplitude of the first harmonic is in general the dominant one. For a rotor, in
general the lower modes possess low damping. Thus, it is anticipated that it is possible to find the two conditions
"harmonic variation" and "low modal damping"” in the same frequency range. For a complex system, higher
modes can exist that have also low modal damping. In such a special case it depends whether the amplitude of
the higher frequency modulation is large enough to be able to act as principal resonances for this specific mode
or large enough to introduce a modal interaction of higher modes. Theoretically it is possible to have multiple
modal interactions, however, in the systems analysed so far the lowest modes were the ones that dominated the
interaction.

The result is decreased 1% critical amplitude and increased 2™ critical speed amplitude. However,
the 2" critical speed is out of the operational range in this example and in the most applications in
such machines is avoided. The 1% critical speed amplitude reduction is at a range of 50%. The modal
interaction has its major impact in amplitudes exactly at the frequencies of the coupling modes, the 1%
vertical and the 2™ vertical critical speeds at this example.

The expected benefit of the vibration reduction considers the implementation of reduced rotor-
stator clearances and the improved efficiency of the machine.

5. Conclusions

A journal bearing of adjustable geometry and properties is investigated in this paper on its potentiality
to introduce modal interaction in a rotating system of simple and complicated geometry so as to reduce
vibrations during the passage through resonance. The principle of applying parametric excitation in the
system’s properties of stiffness and damping was proved to establish a method for vibration
suppression in turbomachinery. The application of the method in a simple Jeffcott rotor system and in

10
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the more complicated steam turbine rotor encourages the further development of the concept with the
critical speed amplitudes to be reduced up to 50%.
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