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Abstract. In this paper a mini-channel aluminum heat exchanger used in a reversible heat
pump is presented. Mini-channel finned heat exchangers are getting more and more interest for
refrigeration systems, especially when compactness and low refrigerant charge are desired.
Purpose of this paper was to characterize the mini-channel heat exchanger used as evaporator
in terms of heat transfer performance and to study the refrigerant distribution in the manifold.
The heat exchanger characterization was performed experimentally by means of a test rig built
up for this purpose. It is composed of an air-to-air heat pump, air channels for the external and
internal air circulation arranged in a closed loop, measurement sensors and an acquisition
system. The overall heat transfer capacity was assessed. Moreover, in order to characterize the
flow field of the refrigerant in the manifold of the heat exchanger, a numerical investigation of
the fluid flow by means of CFD was performed. It was meant to evaluate the goodness of the
present design and to identify possible solutions for the future improvement of the manifold
design.

1. Introduction
Mini-channel finned heat exchangers are getting more and more interest for refrigeration systems,
especially when compactness and low refrigerant charge are desired [1]. Several studies investigated
performance and operative characteristics of such systems. Many authors presented heat transfer and
pressure drops correlations [2 - 7]. In particular maldistribution of the refrigerant is a challenge in this
type of heat exchangers, especially for evaporators where the entering fluid is usually in two-phase
condition. The design of the distribution manifold plays an important role in how the gas and liquid
phases distribute, together with pressure drops in the manifold and air distribution on the external side
[8]. Among the main findings in the literature, Kulkarni et al. [9] found that mass flow maldistribution
cannot be controlled through changing either the port/header diameter or the refrigerant state, but it
can only be controlled by minimizing pressure gradients along header. Regarding the inlet
configuration, Kim et al. [10] stated that the best gas distribution is obtained for normal inlet
configuration, followed by vertical and parallel inlet configuration, and the effect of mass flow or
quality on gas distribution is not significant. Moreover the protrusion of multiports into the header
makes incoming liquid bypass the frontal channels yielding better flow distribution [11]. Qi et al. [12]
studied the effect of fin shape, revealing that the louver fin which is flat at fin top is more suitable for
mini-channel evaporator than corrugated louver fin in reduction of air side pressure drop and, for the
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same purpose, a simpler refrigerant side flow path arrangement is preferable. However the main effect
on heat exchange is due to the refrigerant maldistribution more than air maldistribution (30%
performance reduction against 9% respectively) [13], even if both aspects have to be taken into
account. Different approaches were used in the abovementioned works, based on experimental tests
and/or numerical simulations, among them Selleri et al. [14] developed a multi-objective optimization
to find the best design configuration for a mini-channel heat exchanger.

Purpose of this paper was to characterize the mini-channel heat exchanger used as evaporator in
terms of heat transfer performance and to study the refrigerant distribution in the manifold. The heat
exchanger characterization was performed experimentally by means of a test rig built up for this
purpose. Moreover, in order to characterize the flow field of the refrigerant in the manifold of the heat
exchanger, a numerical investigation of the fluid flow by means of CFD was performed. It was meant
to evaluate the goodness of the present design with the main objective of identifying useful aspects for
the future improvement of the manifold design.

2. Experimental investigation
The heat exchanger characterization was performed experimentally by means of a test rig built up for
this purpose. It is composed of an air-to-air heat pump, air channels for the external and internal air
circulation arranged in a closed loop, measurement sensors and an acquisition system. In the following
sections a detailed description of the test rig and of the obtained results is provided.

2.1. The test rig set up
The test rig is composed of an-to-air reversible heat pump, using R410A as refrigerant fluid, with air
channels for the external and internal air circulation arranged in a closed loop. In figure 1 a schematic
(a) and a 3D layout (b) of the test rig are shown. The channels are made of expanded polyurethane
covered with aluminum sheets, that provides thermal insulation and avoids air leakages. The air is
blown inside the channels by means of fans. The fan on the indoor side is provided with an inverter,
thus it is possible to vary the air flow rate for the experimental tests purposes. The aim of the closed
air channel circuits is to simulate the indoor and outdoor environment. Each channel collects the air at
the outlet of the heat pump and, depending on the considered side (outdoor or indoor) and operative
mode (heating or cooling), heats or cools it up to the necessary inlet conditions and then sends it back
into the heat pump. In this way it is possible to test the system at different outdoor and indoor
conditions. The air heating inside the channels is made by means of a 12kW electric resistance, while
the air cooling by means of a water cooling circuit. Both the systems are regulated with a PID
controller that keeps the air input temperature at the desired set-point values by varying the power in
the former and the water flow rate in the latter system.

(a) (b)

Figure 1. A schematic (a) and a 3D layout (b) of the test rig.
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The mini-channel heat exchanger is set inside the heat pump at the indoor side, working as
evaporator or condenser on the basis of the operative mode. The test rig is equipped with different
sensors (see figure 1a) in order to collect all the information about the working parameters and to
assess the performance of the analyzed heat exchanger: pressure transducers on the heat pump
refrigerant circuit, copper-constantan T thermocouples on the air, refrigerant and water circuits and
flow meters for the refrigerant (Coriolis flow meter) and the cooling water circuits (turbine flow
meter). In table 1 the sensors accuracy is reported. The data acquisition system is used to record the
measurements and evaluate and control the experimental system.

Table 1. Sensors accuracy
Sensor Accuracy

Thermocouples ± 0.5°C

Pressure transducers 1%

Turbine flow meter 1%

Coriolis flow meter 0.75%

2.2. The mini-channel heat exchanger
The heat exchanger is composed of 60 multiport extruded aluminum tubes (420 mm in height, 25 mm
in width and 2 mm in thickness). Each tube consists of 15 rectangular shaped mini-channel (hydraulic
diameter of a channel: 1.346 mm). Between two tubes there are corrugated fins with a pace of 1.4 mm
and a thickness of 0.1 mm. The frontal area, perpendicular to the air flow, is 0.256 m2, while the total
external exchange area is 8.612 m2 and the internal exchange area is 2.069 m2. The heat exchanger has
only one passage and at the extreme sides there are two cylindrical manifolds (diameter 33 mm) where
the tubes are inserted and brazed. The heat exchanger is vertically mounted and the manifolds are
horizontally placed, because for evaporator usage this configuration is preferred to facilitate the air-
side condensate drainage [8]. The bottom manifold has 7 equally distributed inlets, while the top
manifold has 2 outlets. The higher number of inlets is requested for a better distribution of the two
phase refrigerant entering the heat exchanger working as evaporator. In figure 2 a schematic of the
heat exchanger and a detail of an inlet nozzle of the bottom manifold are represented. In figure 3 a
picture of the heat exchanger installed in the test rig is provided.

(a)

(b)

Figure 2. A schematic of the mini-channel heat exchanger (a) and a detail of the inlet nozzle (b).
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Figure 3. A picture of the mini-channel heat exchanger.

2.3. The experimental results
The experimental tests were aimed at characterizing the mini-channel heat exchanger into the heat
pump system. The purpose was to draw curves that plot the exchanged heating rate with varying the
external conditions (inlet air temperature and inlet refrigerant temperature). In this paper only the
results from cooling operative mode are reported, when the mini-channel heat exchanger, set on the
indoor side, plays as evaporator, that is also its most critical role.

The heat pump is an air-to-air reversible heat pump using R410A as refrigerant. In figure 4 it is
possible to see the schematic of the system with the position of the installed sensors and the
thermodynamic cycle on the Ph diagram. The compressor is an hermetic scroll compressor and an
inverter was used during the tests to vary its speed and thus the refrigerant flow rate. The condenser is
a shell and tube finned heat exchanger and a thermostatic expansion valve is employed to keep the
superheating after the evaporator at the desired value (point 2 on the Ph diagram in figure 4; a further
superheating up to point A is due to the four way valve before the compressor inlet).

(a) (b)

Figure 4. Heat pump schematic (a) and representation of the thermo-
dynamic cycle on the Ph diagram for the cooling mode.

During the tests the superheating was kept constant to the value of 7.7°C as well as the air flow rate
at the indoor side (2100 m3/h at inverter frequency 25Hz), while the air inlet temperature at the indoor
side was varied between 21°C to 27°C. Recording the refrigerant flow rate (ṁref) and temperatures (T)
and pressures (p), it was possible to calculate the heating rate exchanged in the evaporator (Ṗev) as
function of the enthalpy difference (values taken from REFPROP 9.0 database [15]):

ܲ̇௘௩ = ݉ሶ௥௘௙ ∙ (ℎ௥௘௙,௢௨௧− ℎ௥௘௙,௜௡) (1)

In Table 2 some of the recorded measures are reported. Considering the sensors accuracy (Table 1)
and the uncertainty of the equation of state for the refrigerant used in REFPROP [16], a relative error
of 1.2% for Ṗev was estimated using the law of error propagation.
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Table 2. Experimental measurements
Test ID Tev pev ṁref superheating ẇair Tair,in Tair,out

°C bar kg/h °C m3/h °C °C

1 5.2 9.4 169.5 7.7 2131.5 20.9 10.6
2 9.5 10.7 154.9 7.8 2131.2 23.8 13.9
3 13.6 12.1 146.4 7.8 2148.9 27.1 17.5
4 7.5 10.1 173.2 7.6 2031.2 24.0 12.9
5 7.6 10.1 173.0 7.8 2024.6 23.9 13.0
6 3.5 8.9 180.5 7.8 1981.8 21.1 9.6
7 12.8 11.8 159.7 7.7 2191.0 26.9 17.2
8 7.1 10.0 153.2 7.9 2075.0 22.1 12.0
9 7.3 10.0 164.5 7.6 2360.0 22.0 12.9

10 11.3 11.3 149.1 7.4 2390.4 24.0 15.7

Plotting the heating rate exchanged in the evaporator versus the air inlet temperature and the
difference between the air inlet temperature and the refrigerant evaporating temperature, it was
assessed an equation for the interpolating surface:

ܲ̇௘௩ = ܽ+ ܾ ∙ ௜ܶ௡ + ܿ∙ ∆Tୣ ୴ + ݀ ∙ ∆ ௘ܶ௩
ଶ (2)

where Tin is the air inlet temperature and ∆Tev is the temperature difference between the air inlet
temperature and the refrigerant evaporating temperature; the coefficients are: a=-1.696, b=0.009;
c=0.898; d=-0.021. In figure 5 two projections of the equation (2) are shown. They represent the trends
of the evaporator heating rate with varying the air inlet temperature and the temperature difference
between the air inlet temperature and the refrigerant evaporating temperature. It is possible to notice
that the effect of the air inlet temperature variation is limited, while, as expected, the temperature
difference between the two carrier fluids is more influent.

(a) (b)

Figure 5. Evaporator capacity with varying the air inlet temperature, Tin, (a) and the temperature
difference, ∆Tev, between air and refrigerant evaporating temperature (b).

Moreover, knowing the evaporator capacity, an average overall heat transfer coefficient (UA) for
the mini-channel heat exchanger was estimated by means of equations (3) and (4):

ܲ̇௘௩ = ܣܷ ∙ ∆ ெܶ ௅ ∙ ݂ (3)

 ∆ ெܶ ௅ =
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where ∆TML is the logarithmic mean temperature calculated as function of the temperature differences
between the two carrier fluids, ∆T2 and ∆Tev, being ∆T2 the difference between the air outlet
temperature and the refrigerant inlet temperature and ∆Tev the difference between the air inlet
temperature and the refrigerant evaporating temperature (figure 6). Such a definition was chosen to
approximate the real heat transfer process as much better as possible. The correction factor, f (<1),
instead, depends on the fluids inlet and outlet temperatures and on the type of heat exchanger and it
takes into account that the heat exchanger is not a counter-current but a cross flow heat exchanger
[17]. The obtained UA is equal to 1.158 kW/K with a global uncertainty of 2%.

Figure 6. Air and refrigerant temperature trend in the evaporator.

Other tests were conducted with varying the air flow rate (inverter frequency: 20÷27.5 Hz) and a
relationship between the evaporator heating rate variation and the air flow rate (ẇ) variation was 
found:

∆୔̇౛౬

୔̇౛౬,బ
= 0.1

∆୵̇ ౗౟౨

୵̇ ౗౟౨,బ
(5)

the subscript "0" refers to the standard condition at 25Hz. The relation shows that the exchanged
power variation is 10% of the air flow rate variation.

3. CFD analysis of the flow field
Main purpose of the numerical simulation of the fluid flow was to analyze the distribution of the two
phase refrigerant in the inlet manifold of the evaporator. The CFD analysis was oriented to obtain a
first guess solution of the refrigerant flow field, useful to highlight which elements of the actual
geometry of the manifold have a greater responsibility in the non optimal distribution of the refrigerant
among the multiports.

Figure 7. Geometric representation of a portion
of the manifold considered in the simulation.

Considering the repetitive pattern around the inlets of the manifold, the computational domain
comprises a periodic portion of the manifold, containing only one inlet nozzle and an equal number of
multiports for each side (see figure 7). The computational domain was discretized using an
unstructured grid of 650.000 nodes: tetrahedral elements were adopted in the core of the fluid volume
and a prismatic layer refinement was realized in the near wall region in order to better describe the
behavior of the refrigerant entering the multiports channels (Figure 8). The unsteady Reynolds
Averaged Navier – Stokes (RANS) equations were solved for the computation of the turbulent flow,

∆T2

∆T1

Sup

∆Tev

Air

Refrigerant
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using the SST k- turbulence model. Time integration of the fluid flow equations was performed with
a time step of 10-3 s, in order to produce a second order accurate solution of the flow field.
Calculations were assessed by means of the CFD commercial code STAR – CCM+ [18].

Figure 8. Mesh details in the near wall region

A set of operative conditions, measured during the experimental investigations, were adopted for
the numerical model of the refrigerant flow field. The refrigerant, R410A, enters the manifold with a
temperature of 276.95 K, a pressure of 0.9 MPa, a quality of 0.359 and a mass flow rate of 165 kg/h,
corresponding to an inlet velocity of 6 m/s. Given the pretty high inlet velocity it is possible to
consider that the two phase refrigerant flow behaves like a mist [19]. Due to the lack of certainty about
the two-phase regime of the refrigerant in this type of application in scientific and technical literature,
it was used a simplified approach for modeling the two-phase state of the fluid: this was intended to
obtain a first guess reconstruction of the main fluid dynamic structures of the refrigerant flow field in
the inlet manifold. Indeed, in the present work, the CFD analysis is aimed at identifying major
elements and guidelines to improve the manifold design and achieve a better distribution of the
refrigerant among multiports. The adopted model does not reconstruct the interface between liquid and
gas phases, assuming equilibrium phase change. The R410A is classified as a quasi-azeotropic
mixture, with negligible temperature glide during phase change: thus, it can be modeled as a pure
substance. The equation of state of Redlich-Kwong [20] was considered, while the refrigerant
thermophysical properties were taken from REFPROP 9.0 database [15].

The numerical results pointed out the symmetry of the flow respect to the inlet nozzle position and,
mainly due to the high refrigerant inlet velocity, showed the presence of high vorticity structures
among the multiports (figure 9). In figure 9 dark gray areas are associated with fluid moving
downward along the vertical direction (negative velocity), thus not contributing to the development of
mass flow rate through the multiport inlet sections. This behavior is also evident in terms of the
refrigerant mean velocity at the multiports inlet, as shown in figure 10. Indeed a different distribution
of the refrigerant between the multiports closer and farther to the inlet nozzle was highlighted: a bigger
refrigerant flow passes through the multiports farther from the inlet nozzle (figure 10). Instead,
considering a single multiport the flow is higher in the external channels rather than in the inner ones
(figure 11).

In order to improve the refrigerant distribution, a new configuration was considered: the inlet
nozzle length was reduced while its inlet section was enlarged. This simple modification reduced the
inlet velocity of the refrigerant with the advantage of a more uniform distribution of the fluid among
the multiports, as shown by the inlet velocity trend in figure 12.

On the basis of the obtained simulation results some conclusions can be drawn to improve the
manifold design. In fact the numerical reconstruction of the flow field showed a non homogeneous
distribution of the refrigerant into the minichannels and in the different multiports. Possible
modifications suggested by such results to improve the distribution could be: reduce the refrigerant
inlet velocity, increase the number of inlet nozzles and reduce the protrusion inside the manifold of the
multiports closer to the nozzle, in order to reduce the presence of obstacles and stagnation regions in
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the manifold. The realization of the latter point needs to be verified from a technical, but mainly, from
an economic point of view by the heat exchanger producer.

Figure 9. Velocity (m/s) cut-off contour and velocity streamline of the
refrigerant in the manifold (view on the vertical middle surface of the

manifold).

Figure 10. Refrigerant mean velocity (m/s) along the vertical axis (y) at the inlet of the multiports .
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Figure 11. Refrigerant velocity (m/s) cut-off contour on the inlet sections of the multiports.

Figure 12. Refrigerant mean velocity (m/s) along the vertical axis (y) at the inlet of the multiports for
the manifold with the modified inlet nozzle

4. Conclusions
In this paper a mini-channel heat exchanger used as evaporator in an air-to-air heat pump was studied.
The heating rate that can be exchanged was evaluated with varying the inlet fluids conditions. In
particular a relationship between such heating rate and the air and refrigerant inlet temperatures was
found. Moreover the overall heat transfer capacity was assessed. Eventually, to analyze the role of the
inlet manifold for the refrigerant distribution, a CFD study was performed. The obtained results
showed a non homogeneous distribution and some hints for the geometry improvement could be
drawn. Future developments of this study consist in testing the heat exchanger working as condenser
in heating mode and, from the numerical point view, in improving the adopted approach for modeling
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the two-phase state of the fluid, by means of methods able to the reconstruct the interface between
liquid and gas phases.
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