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Abstract. The use of transcritical R744 systems has become increasingly popular in recent years 

in a variety of different applications. For applications that span a wide temperature range between 

the heat source and heat sink, the use of two-stage compressor results in numerous advantages 

in terms of efficiency and compressor discharge temperature. This paper presents experimental 

data for a transcritical R744 compressor system operating at high heat rejection temperatures. A 

comprehensive system model was developed and validated with the experimental results. Based 

on this, the simulation tool was used to further optimize the system design specifically to 

accommodate the two-stage compression process. The optimum heat transfer area distribution 

has been determined to simultaneously ensure efficient intercooling at intermediate pressure and 

gas cooling at the high-pressure level. Simultaneously, the system was also optimized with 

respect to optimal intermediate pressure and the results show that for this particular system, the 

optimum intercooler pressure deviated substantially from the standard design approach that uses 

the geometric mean between suction and discharge pressures. 

1.  Introduction 

CO2 as a refrigerant (R744) is believed to be a promising replacement for HFC refrigerants due to its 

smaller environmental impact regarding the greenhouse potential. In addition, R744 provides larger 

volumetric cooling capacities than typical HFC refrigerants which could eventually yield higher cooling 

capacities for similarly sized systems [1]. For applications that span a wide temperature range between 

the heat source and heat sink, the use of two-stage compressor results in numerous advantages in terms 

of efficiency and compressor discharge temperature. The application studied in this paper is a packaged, 

unitary-type system as shown in figure 1, designed for military use in harsh environments. The system 

was retrofitted with transcritical R744 technology to provide 10.5 kW of air-conditioning at an outdoor 

temperature of 51.7oC and an indoor temperature of 32.2oC and 50% relative humidity. 
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Figure 1. Unitary type air-conditioner with 10.5kW cooling capacity at 52oC/32oC - 50% RH. 

2.  System description 

The transcritical R744 system was developed in a breadboard laboratory environment in which the air-

side heat exchangers were mounted in dedicated wind tunnels. The schematic of the air-conditioning 

system is shown in figure 2. This system consists of a hermetic two-stage rolling piston compressor, an 

intercooler, a gas cooler, a suction line heat exchanger, a manual expansion valve, an evaporator and a 

suction accumulator. 

 

Figure 2. Transcritical R744 system consisting of two-stage compressor, gas cooler, suction line heat 

exchanger, expansion valve, evaporator, and accumulator with liquid valve. 

All heat exchangers had an aluminum microchannel tube design. The microchannel tubes used for 

the gas cooler, the intercooler and the evaporator all had identical dimensions with six circular ports 

with a nominal hydraulic diameter of 0.76mm. The suction line heat exchanger had eleven square-

shaped ports on the high-pressure side and 17 square-shaped ports on the low-pressure side with nominal 

side lengths of 1.29mm and 0.96mm, respectively. The gas cooler had four refrigerant slabs in series 

fed from a single inlet header. It was operated in a cross-counter flow arrangement. The intercooler had 

four parallel refrigerant slabs in cross-flow arrangement and the refrigerant inlet header acted as a 

distributor. The intercooler showed the biggest potential for improvement due to its cross-flow design. 

The cross-counter flow evaporator had two slabs in series, also having a single inlet header. The counter 

flow suction line heat exchanger was built in a sandwich design, where the low-pressure side consisted 

of three parallel tubes in two layers, whereas the high-pressure side had three parallel tubes in only one 

single layer. The compressor was of hermetic two-stage design housed in a prototype steel shell. The 

discharge flow of the low-stage compressor was used to internally cool the electric motor before it was 

sent to the intercooler. The displacements of the low and the high-side stages were 21.8cm3 and 13.2cm3, 

respectively. The compressor motor was rated at 3-phase 208V, 30A at 60Hz, corresponding to a 
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nominal speed of 3600min-1. The target refrigerant mass flow rate at full capacity was designed to be 

83g/s. The compressor did not have an external oil separator. The expansion valve used was a manual 

metering valve with an appropriate sensitivity in order to ensure repeatability of the valve settings in the 

transcritical tests. The accumulator used in the experiments was also of a prototype design and required 

an external liquid metering valve. Additional details regarding the setup can be found in [2]. Wind tunnel 

designs followed applicable industry standards [3]. Three independent energy balances were available 

to determine the cooling capacity of the system, namely on the air-side, the refrigerant-side, and through 

a calorimetric chamber balance. The experimental results typically agreed within 5% of each other. 

3.  Experimental results 

The test matrix shown in table 1 specifies the conditions at which the system was investigated. For each 

outdoor temperature condition, several different high-side pressures were investigated by varying the 

opening of the expansion valve. The given outdoor air flow rate consisted of both the gas cooler and the 

intercooler air flows since both components were installed in the same duct. The face area ratio of the 

gas cooler to the intercooler equaled 3.053. The microchannel tube and the fin geometries of the gas 

cooler and the intercooler were identical. Therefore, the assumption of equal air velocities through both 

components was justified. In this case the volumetric air flow rates were split according to the same 

ratio as their face areas. 

 

Table 1. Test matrix for experimental evaluation of transcritical R744 system. 

 

Outdoor 

temperature 

Outdoor air 

flow rate 

Indoor 

temperature 

Indoor 

air flow 

rate 

Relative 

humidity 

(indoor) 

Compressor 

speed 

 (oC) (m3/s) (oC) (m3/s) (%) (min-1) 

W1 32.2 

0.8967 32.2 0.5663 50 3600 W2 43.3 

W3 51.7 

3.1.  System performance 

Figure 3 shows the experimental results of the system for the test conditions outlined in table 1.  

 

 
Figure 3. Experimental cooling capacities for conditions W1, W2, and W3 (label values indicate high-

side pressures). 
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It can be seen that the maximum cooling capacity achieved was 13.5kW at condition W1, at an 

ambient outdoor air temperature of 32.2oC. W2 had an ambient outdoor air temperature of 43.3oC and a 

resulting maximum capacity of 12.0kW. At condition W3, the rating point, with an ambient outdoor air 

temperature of 51.7oC, the maximum cooling capacity was measured to be 10.7kW. The system had 

maximum COPs of 1.71, 1.29 and 1.07 at the conditions W1, W2, and W3, respectively. A Ph-diagram 

for the transcritical R744 system at condition W3 is shown in figure 4 for a variety of different high-

side pressures. 

 

Figure 4. Ph-diagram for test condition W3 at different high-side pressures. 

It can be seen that the compression ratio across the low-stage compressor is approximately constant 

while the compression ratio across the high-stage compressor increases significantly with increasing 

high-side pressures. This is due to the fact that the displacement volumes of the two-stage compressor 

are fixed and that the intermediate pressure level in the intercooler is mainly influenced by the ambient 

air conditions.  

Since the refrigerant high-side pressure represents an additional degree of freedom in transcritical 

R744 systems, a system specific pressure control strategy was derived from the previous test points. As 

discussed in [4], [5], and [6], the system’s high-side pressure has a significant influence on the 

performance, especially for pressures in the region above the critical point where the R744 isotherms 

are S-shaped. That means that at the same outdoor ambient condition (air temperature and flow rate) a 

small increase in high-side pressure results in a significant enthalpy change at the gas cooler exit, 

eventually increasing the enthalpy difference obtained in the evaporator. This increase of enthalpy 

difference in the evaporator results in a higher total compression ratio across the compressor and thus 

by an increased amount of work transfer to the system. This trade-off yields two performance 

maximizing high-side pressures for each condition. The high-side pressure at which the maximum COP 

is achieved is in general lower than the pressure at which the system has the highest cooling capacity. 

Based on the experimental data high-side pressure control equations were derived as shown in equation 

(1) and equation (2). 

Maximum Q: Popt [MPa] = 0.2137 Tgc,r,out [oC] + 3.0081  (1) 

Maximum COP:  Popt [MPa] = Tgc,ref,out [oC] + 3.9917  (2) 

3.2.  Compressor performance 

The hermetic two-stage compressor was also analyzed. Figures 5a and 5b show the compressor 

efficiencies determined from the system tests. According to [7], the volumetric efficiency is defined by 

equation (3). 
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  𝜂𝑣𝑜𝑙𝑢𝑚𝑒𝑡𝑟𝑖𝑐 =
𝑚̇𝑟𝑣𝑟

𝜔𝑉𝑑
     (3) 

 

The compressor speed, even though not explicitly measured, was assumed to be 3600min-1, 

corresponding to the 60Hz power supply used. It was also assumed that the compressor did not have 

any significant internal leakage between the compression stages. Thus, the mass flow rates through both 

compression stages were assumed to be equal. The volumetric efficiencies were calculated 

independently for the two compression stages and are shown in figure 5a. 

 

  
 

Figure 5. a) Volumetric and b) compression stage efficiencies of the R744 two-stage compressor. 

According to [7], the compression efficiency is defined as the ratio of the isentropic compression 

enthalpy difference to the enthalpy difference required for the actual compression process, as shown in 

equation (4). 

 

   𝜂𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑖𝑜𝑛 =
𝛥ℎ𝑖𝑠𝑒𝑛𝑡𝑟𝑜𝑝𝑖𝑐

𝛥ℎ𝑎𝑐𝑡𝑢𝑎𝑙
     (4) 

 

Figure 5b shows the compression efficiencies for both stages plotted versus their compression ratios. 

For identical low-side and high-side pressure ratios, the resulting volumetric efficiencies of figure 5a of 

both stages were approximately equal. This is not the case for the compression efficiencies (figure 5b), 

which were consistently lower for the low-stage compression process. This is because the flow exiting 

the low-stage compressor is internally used to cool the electric motor driving the compressor before it 

is fed into the intercooler. That means that the temperature of the flow entering the high-stage 

compressor is artificially increased. 

4.  Description of simulation model 

The R744 system was modeled with a finite element approach using EES software [8]. The model 

utilized a Newton-Raphson solver scheme. The steady-state model was originally developed by [9] and 

modified for this study. The two-stage compressor model was implemented based on experimentally 

determined correlations for the volumetric and compression efficiencies described earlier. The model 

structures of the gas cooler and the intercooler are similar even though the intercooler is of a cross flow 

design whereas the gas cooler is designed as a cross-counter flow heat exchanger. Because of the 

temperature glides, large numbers of finite elements were chosen for both the gas cooler and the 

intercooler. Each microchannel tube of each slab was divided into 40 equally sized elements. A UA-

LMTD modeling approach was chosen to solve for the heat transfer rates of the individual elements. 

Emphasis was put on modeling the real structure of the heat exchanger in combination with validated 

correlations for air and refrigerant-side heat transfer coefficients and pressure drops. The model 

correlations used and a more detailed model description of the other components can be found in [2]. 

a) b) 
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The simulated results for cooling capacity and COP was well within +/- 10% of experimental results for 

the majority of the data points. Figure 6 compares experimental and simulated results in a Ph-diagram. 

 

Figure 6. Comparison of experimental and simulated results in a Ph-diagram for test condition W3 at 

a high-side pressure of 12MPa. 

5.  System optimization 

5.1.  System performance 

This section addresses the question of how the available outdoor coil space should be distributed among 

the gas cooler and the intercooler in order to maximize the system performance for otherwise unchanged 

conditions. The initial gas cooler / intercooler air-side area ratio as determined by the dimensions of the 

prototype heat exchangers was 3:1. In order to change this ratio, the intercooler face area was kept 

constant while parts of the gas cooler face area were covered with aluminum foil tape. Since the overall 

outdoor air flow rate was also kept constant, this method provided a way to vary the flow rate distribution 

between the two heat exchangers. For the test condition investigated, the influence of reduced gas cooler 

face area on the COP and the cooling capacity becomes significant if the area covered exceeds 

approximately 15% as shown in figure 7. Up to this value, the system performance is almost as high as 

in the case of an uncovered gas cooler. Once 20% or more of the heat exchanger are covered the 

performance drop becomes significant. 

The simulation model was used to determine the performance maximizing air-side area distribution 

between the gas cooler and the intercooler. The analytical determination of the system COP took into 

account the power required to operate the indoor and outdoor fans. However, unlike in the experiments, 

the overall outdoor coil air-side face area, consisting of the gas cooler and the intercooler, was kept 

constant at the value prescribed by the dimensions of the prototype heat exchangers. Thus, when the 

system performance was simulated with reduced gas cooler air-side areas, the face area of the intercooler 

was increased proportionally at the same time in order to maintain identical overall outdoor coil 

dimensions. 
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Figure 7. Experimental system performance for partially covered gas cooler air-side area as a function 

of the covered area at fixed indoor and outdoor air flow rates at condition W2. 

Figure 8 presents the simulation results for gas cooler / intercooler air-side area ratios between 0.75 

and 4. In accordance with the experimental results shown in figure 8, the system performance did not 

change significantly in the vicinity of the initial ratio, i.e. the COP and the evaporator cooling capacity 

were not reduced by much for cases in which the original gas cooler air-side area was covered by less 

than 15%. However, the cooling performance can be further increased if more of the available outdoor 

coil space is used for the gas cooler. At the same time, the system COP constantly drops. This is because 

the reduced gas cooler approach temperature eventually increases the refrigerant-side enthalpy 

difference across the evaporator and hence the cooling capacity. The COP decreases in this case, because 

of the reduced intercooler air-side area which results in increased work of the high-stage compressor. 

 

Figure 8. Simulated system performance for partially covered gas cooler air-side area as a function of 

the covered area at fixed indoor and outdoor air flow rates at condition W2. 

For the opposite case with increased intercooler and proportionally reduced gas cooler face areas, the 

capacity drops while the COP increases. Figure 8 also shows that a maximum system COP is achieved 

for gas cooler / intercooler air-side area ratios between 1.5 and 2. For ratios smaller than that, the 

reduction in cooling capacity becomes over-proportional relative to the decreases in compression work, 

which explains the existence of the local COP maximum. Based on this analysis it appears that the initial 

choice to build the prototype gas cooler and intercooler with an air-side area ratio of 3 was reasonable. 
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However, in order to maximize the system COP, a smaller gas cooler / intercooler air-side area ratio 

should be considered. 

5.2.  System performance 

Another important design parameter is the choice of the intermediate pressure level in the intercooler. 

The literature [10] suggests that there is a COP maximizing intercooler pressure for every desired overall 

compression ratio which is determined from the geometric mean of the corresponding low and high- 

side pressures, as shown in equation (5). 

 

   𝑃𝑖𝑛𝑡 𝑒𝑟𝑐𝑜𝑜𝑙𝑒𝑟,𝑜𝑝𝑡 = √𝑃𝑙𝑜𝑤 ⋅ 𝑃ℎ𝑖𝑔ℎ    (5) 

 

However, equation (5) can only be derived under several assumptions: thermally and calorically 

perfect gas, isentropic compression processes, identical suction temperatures at both compressor stages, 

and negligible refrigerant-side pressure drop in the intercooler. A numerical simulation modeling the 

compression processes was implemented in order to relax some of these crude assumptions. The model 

is based on a numerical integration of the compression work terms, which can be represented by areas 

underneath the compression paths in a pressure-specific volume diagram. The model takes real fluid 

properties of R744 rather than ideal gas behavior into account and it allows for non-isentropic 

compression processes.  

For an ambient outdoor temperature of 43.3°C and compression efficiencies of 0.65, the influence of 

the high-stage discharge pressure on the work saving potential is illustrated in figure 9.  

 

Figure 9. Work savings potential as a function of the intercooler pressure for various high-stage 

discharge pressures at condition W2. 

For the lowest discharge pressure of 10.0MPa, the system requires 3.6% less compression work if 

operated at the optimum intercooler pressure in comparison to the value suggested by equation (5). 

The optimum intercooler pressure in this case is 18.6% higher than the idealized value. For higher 

discharge pressures, the savings potential increases to 4.2% at 11.1MPa and 4.7% at 12.0MPa. Thus, 

the higher the discharge pressure the more important it becomes to operate the intercooler at its optimum 
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intermediate pressure in order to obtain the minimum work required. Maintaining the optimum 

intercooler pressure therefore improves the system COP especially at high evaporator loads, because 

such conditions typically require higher discharge pressures at the high-stage compressor. 

The same type of analysis was carried out for different ambient outdoor temperatures as shown in 

figure 10. The high-stage discharge pressures were adjusted to match the COP-maximizing pressure 

according to the correlation given in equation (2). The compression efficiencies were again taken to be 

0.65. 

 

Figure 10. Work savings potential as a function of the intercooler pressure for various ambient 

outdoor temperatures. 

For the ambient outdoor temperature range considered, the maximum possible work reduction occurs 

at 32.2°C where the system requires almost 5% less work when operated at its performance maximizing 

intermediate pressure in comparison to the value given by the idealized equation. As before, the 

numerically determined optimum intercooler pressures deviate significantly (16.3% to 21.4%) from the 

idealized pressure values suggested by equation (5). Thus, the possible work reductions become larger 

at lower ambient outdoor temperatures improving the system performance in particular at moderate 

ambient conditions.   

6.  Conclusions 

A transcritical R744 system designed for air-conditioning at high ambient conditions was investigated 

experimentally and with the help of a simulation model. While the target capacity was achieved at the 

rating condition, the use of a two-stage compressor in combination with intercooler allows for further 

system improvements. While the choice of a gas cooler to intercooler area ratio of 3 appears to be a 

reasonable choice, higher COPs can be achieved with larger intercooler area at the expense of the size 

of the gas cooler. However, it should be noted that cooling capacity is affected in the opposite direction. 

Larger improvement potentials, with COP increases on the order of 5% were identified for optimized 

intermediate pressure ratios, showing that the commonly used geometric mean of high and low-side 

pressures should be understood merely as a general design guideline. 
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7.  Nomenclature 

Symbols   Greek  

COP coefficient of performance (-) Δ difference 

h specific enthalpy (kJ/kg) η efficiency (-) 

HFC hydrofluorocarbon ν specific volume (m3/kg) 

LMTD log. mean temperature difference (K) ω rotational speed (min-1) 

m mass flow rate (kg/s)   

P pressure (kPa) Subscripts  

Q heat transfer rate (kW) cai air inlet outdoor coils 

RH relative humidity d displacement 

SLHX suction line heat exchanger gc gas cooler 

T temperature (oC) max maximum 

UA overall heat transfer coefficient times area (kW/K) opt optimum 

V volume (m3) out outlet 

W1-3 test conditions r refrigerant 
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